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-The project: 

The student can be able to: 

1-Define the basic principles to design different mechanical parts. 

2-Study variable loads and thermal stresses to design mechanical  

    instruments and equipment’s. 

ITEM WEEK SYLLABUS 

1 1-2 METALS &SIMPLE STRESSES 

2 3-4 VARIABLE LOADS &STRESS 

CONCENTRATIONS 

3 5-7 BOLTS,RIVETS AND WELDED JOINTS 

4 8-9 PRIMARY LOADS IN SCREWS 

5 10-11 POWER SCREW DESIGN 

6 12-14 SHAFT DESIGN 

7 15 KEY WAYS AND SPLINED SHAFTS 

8 16 COUPLINGS 

9 17 BELT AND CHAIN DRIVE DESIGN 

10 18-20 ROLLING BEARINGS 

11 21-22 SLIDING BEARINGS 

12 23-24 SPRINGS 

13 25-26 PRESSURE VESSELS 

14 27-28 STSTIC &DYNAMIC SEALS 

15 29-30 SPUR GEAR DESIGN 

 

Subject Year of 

student 

Hours In Week Units 

Machine 

Design 

3rd Year 

Students 

Theory Practical Total  

6 
2 3 5 
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REFRENCES 

1- MACHINE DESIGN, KHURMI 1956-2005 –INDIA  

2- MECHANICAL DESIGNS, PETER R.CHILDS, UK. 

Tutorial part 

Subject week 

Design-CAD and specified Design software 

 

1-15 
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Variable Stresses In Machine Parts 

It has been found by experiments that when a material is subjected to repeated 

stresses it fails below yield point stresses, such type of failure is known as fatigue. 
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in the above figure shown consider a beam of cross section and carrying a load (W) 

which is cyclic. The stress in A is compression stress and in B is tension stress and 

then the point A occupies point B. From the above we see that for each revolution 

of the beam stresses are reversed from compression to tension, these stresses are 

known as reversed or cycle stresses. In order to study the effect of fatigue a 

standard polished specimen as shown in the figure below is subjected to cyclic 

loading in a fating testing machine, the bending stresses varies continuously from 

maximum compression and represented by a time-stress diagram as shown in figure 

below: 
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FACTOR OF SAFETY FOR FATIGUE LOADING 

When a component is subjected to fatigue loading the endurance limit is the 

criterion for failure therefore the factor of safety should be based on endurance 

limit: 

FACTOR OF SAFETY (F.O.S)=
𝑬𝒏𝒅𝒖𝒓𝒂𝒏𝒄𝒆 𝒍𝒊𝒎𝒊𝒕 𝒔𝒕𝒓𝒆𝒔𝒔

𝑫𝒆𝒔𝒊𝒈𝒏 𝒐𝒇 𝒘𝒐𝒓𝒌𝒊𝒏𝒈 𝒔𝒕𝒓𝒆𝒔𝒔
  

There are several ways in which problems involving combination of variable 

stresses may be solved and the following are important from the subject point to 

view: 
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1-Gerber method 

2- Goodman method 

3- Soderberg method 

The relations proposed by Gerber, Goodman and Soderberg are as follows: 

𝝈𝒗 = 𝝈𝒆 [𝟏 − (
𝝈𝒂𝒗

𝝈𝒖
 )𝟐]............. Gerber method test data for ductile materials 

𝝈𝒗 = 𝝈𝒆 [𝟏 −
𝝈𝒂𝒗

𝝈𝒖
]    ..........Goodman method preferred in mechanical   engineering 

design 

𝝈𝒗 = 𝝈𝒆 [
𝟏

𝒇.𝒐.𝒔
−

𝝈𝒂𝒗

𝝈𝒚
]  ......Soderberg method is used in structural parts subjected to 

fatigue loads contain region of high stress concentration 

Example-1: 

Find the variable stress and variable load for a plate (t=1.15 cm and 120mm wide) 

take Wav=17500 Kg/cm
2
, if σs= 800 Kg/cm

2
 and design stress as 1500 Kg/cm

2
 

  (take F.O.S = 1.5) 

𝝈𝒗 = 𝝈𝒆(
𝟏

𝑭. 𝑺
−

𝝈𝒂𝒗

𝝈𝒚
) 

𝑭. 𝑶. 𝑺 =
𝝈𝒆

𝒅𝒆𝒔𝒊𝒈𝒏 𝒔𝒕𝒓𝒆𝒔𝒔
 

𝝈𝒂𝒗 =
𝑾𝒂𝒗

𝑨
=

𝟏𝟕𝟓𝟎𝟎

𝟏. 𝟏𝟓𝒙𝟏𝟐
= 𝟏𝟐𝟔𝟖. 𝟏 

𝑲𝒈
𝒄𝒎𝟐⁄  

𝝈𝒆 = 𝑭. 𝑶. 𝑺𝒙 𝒅𝒆𝒔𝒊𝒈𝒏 𝒔𝒕𝒓𝒆𝒔𝒔 = 𝟏. 𝟓𝒙𝟏𝟓𝟎𝟎 = 𝟐𝟐𝟓𝟎
𝑲𝒈

𝒄𝒎𝟐⁄  

𝝈𝒚 = 𝟐𝝈𝒔 = 𝟐𝒙𝟏𝟓𝟎𝟎 = 𝟑𝟎𝟎𝟎
𝑲𝒈

𝒄𝒎𝟐⁄   

𝝈𝒗 = 𝟐𝟐𝟓𝟎(
𝟏

𝟏.𝟓
−

𝟏𝟐𝟔𝟖.𝟏

𝟑𝟎𝟎𝟎
)=540

𝑲𝒈
𝒄𝒎𝟐⁄  

𝝈𝒗 =
𝑾𝒗

𝑨
 

Wv= 540x13.8=7452 Kg                Ans. 
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Example-2: Find the variable stress for the plate shown in the figure below (t=2cm, plate 

width=250mm and the hollow diameter=25 mm), take Wav.=17500 Kg/cm
2
 if σy=3000 

Kg/cm
2
 and design stress as 1500Kg/cm

2
(take f.o.s=1.5) then find the stress concentration 

factor. 

Solution: 

 

 

 

 

 

 

𝝈𝒗 = 𝝈𝒆(
𝟏

𝑭. 𝑺
−

𝝈𝒂𝒗

𝝈𝒚
) 

𝝈𝒂𝒗 =
𝑾𝒂𝒗

𝑨
=

𝑾𝒂𝒗

(𝒃 − 𝒅)𝒕
=

𝟏𝟕𝟓𝟎𝟎

(𝟐𝟓 − 𝟐. 𝟓) ∗ 𝟐
= 𝟒𝟓 

𝑲𝒈
𝒄𝒎𝟐⁄  

𝒇. 𝒐. 𝒔 =
𝝈𝒆

𝝈𝒅𝒆𝒔.
 

𝝈𝒆= f.o.s*𝝈𝒅𝒆𝒔.=1.5*1500=2250
𝑲𝒈

𝒄𝒎𝟐⁄  

𝝈𝒗 = 𝟐𝟐𝟓𝟎(
𝟏

𝟏.𝟓
−

𝟒𝟓

𝟑𝟎𝟎𝟎
)=1451.25

𝑲𝒈
𝒄𝒎𝟐⁄  

From table 6.3 to find the stress concentration factor 

d/b=25/250=0.1  

Kt=2.69 

Example-3: Find the variable stress for the stepped shaft shown in the figure below 

(D=50mm, d=25 mm and the fillet radius=5 mm), take Wav.=16000 Kg/mm
2
 if σs=1500 

Kg/mm
2
 , σe=2500 Kg/mm

2
(take f.o.s=2) then find the stress concentration factor. 

Solution: 

 

250 mm 
d=25 

mm 
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𝝈𝒗 = 𝝈𝒆(
𝟏

𝑭. 𝑺
−

𝝈𝒂𝒗

𝝈𝒚
) 

𝝈𝒂𝒗 =
𝑾𝒂𝒗

𝑨
=

𝟏𝟔𝟎𝟎𝟎
𝝅
𝟒

𝒅𝟐
= 𝟒𝟗𝟎. 𝟖 

𝑲𝒈
𝒄𝒎𝟐⁄  

𝝈𝒚 = 𝟐𝝈𝒔 = 𝟐 ∗ 𝟏𝟓𝟎𝟎 = 𝟑𝟎𝟎𝟎
𝑲𝒈

𝒄𝒎𝟐⁄  

𝝈𝒗 = 𝟐𝟓𝟎𝟎(
𝟏

𝟐
−

𝟒𝟗𝟎.𝟖

𝟑𝟎𝟎𝟎
)=850 

𝑲𝒈
𝒄𝒎𝟐⁄  

 

To find stress concentrate using factor for the stepped shaft by using the table 6.3 

D/d=50/25=2  

r/d=5/25=0.2 

 Kt=1.64 
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Example :plate with hollow 
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Application of Soderbergs equation: 

𝝅𝒅𝟑

𝟏𝟔
=

𝒇.𝒐.𝒔

𝝈𝒔𝒚
√(

𝝈𝒚

𝝈𝒆
. 𝑲𝒇𝑴) 𝟐 + 𝑻𝟐  

NOTE:The above relations apply to a solid shaft, for hollow shaft  the left hand side 

of the above equation must be multiplied by (1-k
4
) where k is the ratio of inner 

diameter to outer diameter. 
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Example:Changing The Dimension Of The Stepped Shaft 
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 LECTURE       3 

A screw thread is formed by cutting a continuous helical groove on a cylindrical surface. A screw 

made by cutting a single helical groove on the cylinder is known as single threaded (or single-

start) screw and if a second thread is cut in the space between the grooves of the first, a double 

threaded (or double-start) screw is formed. Similarly, triple and quadruple (i.e. multiple-start) 

threads may be formed. The helical grooves may be cut either right hand or left hand. A screwed 

joint is mainly composed of two elements i.e. a bolt and nut. The screwed joints are widely used 

where the machine parts are required to be readily connected or disconnected without damage to 

the machine or the fastening. 
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Example-2: 

An M10 bolt has been selected for a permanent application. The proof stress of low 

carbon steel bolt material is 310 Mpa. Determine the recommended preload on the 

bolt and the torque setting, select the number of teeth 8. Use UNS 

Solution: 

𝑑𝑝 = 𝑑 −
0.65

𝑁
= 10 −

0.65

8
=9.92 mm 

 

𝑑𝑟 = 𝑑 −
1.3

𝑁
  =  10 −

1.3

8
= 9.84 mm 

𝐴𝑡 =
𝜋

16
(𝑑𝑝 + 𝑑𝑟)

2
= 76.6 𝑚𝑚2 

𝐹𝑖 = 0.9 𝐴𝑡𝜎𝑝 = 21.37 ∗ 103N 

From table 9 the value of constant , K=0.2 

𝑇 = 𝐾. 𝐹𝑖𝑑  N.m 

T= 0.2*21.37*10
3
*0.01=4.274  N.m        ANS. 

Example 3: 

Determine the safe tensile load for a bolt of  M30 coarse series  made of mild steel for 

a permanent application  assuming a safe tensile stress of 42 Mpa, then find the 

ultimate tensile load if  (f.o.s=3) , then find the torque wrench. 

Solution: 

Since the standard bolt is M30 

d=30 mm 

From table 8 the pitch of the bolt coarse series=3.5 

𝑑𝑝 = 𝑑 − 0.65𝑝 =30-0.65*3.5=27.7 mm 

𝑑𝑟 = 𝑑 − 1.3𝑝 = 30- 1.3*3.5=25.7 mm 

𝐴𝑡 =
𝜋

16
(𝑑𝑝 + 𝑑𝑟)

2
=π/16(27.7+25.7)

2
=560.31 mm

2
 

Safe tensile load= 𝐴𝑡  𝜎𝑡 =560.31*42=23.53 KN 

Ultimate tensile load= safe tensile load*f.os=23.53*3=70.59 KN 
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Fi=0.9 At𝜎𝑡= 21.179 KN     K=0.2 from table 9=0.2 

T=K Fi d= 0.2*21.179*0.03=0.12 N.m    ANS. 

 

 

kc=3kb 
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Example 4: A set of six M8 bolts is used to provide a clamping force of 

20kNbetween two components in a machine.  If the joint is subjected to an 

additional load of 18 kN after the initial preload of 8.5 kN per bolt has been applied 

determine the stress in the bolts. The stiffness of the clamped component can be 

assumed three times that of the material. The proof stress of low carbon steel bolt 

material is 310Mpa.   
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Design of Cylinder Covers 

The cylinder covers may be secured by means of bolts or studs but studs are 

preferred. This possible arrangement of securing the cover with bolts and studs is 

shown in the following figure. 

 

in order to find the size and number of bolts the following procedure may be  

adopted: 

Let D = Diameter of the cylinder, 

p = Pressure in the cylinder, 

dc = Core diameter of the bolts or studs, 

n = Number of bolts or studs, and 

t = Permissible tensile stress for the bolt or stud material. 

the force acting on the cylinder cover: 
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                P  =
𝝅

𝟒
𝑫𝟏

𝟐. 𝑷𝒑 

This force is required by number of bolts or studs  provided on the cover 

Force  on each bolt or cover 

 P  =
𝜋

4
𝐷1

2. 𝑃𝑝.
1

𝑛
                            -------1 

and resistance offered by each bolt: 

      =
𝜋

4
𝑑𝑐

2𝜎𝑡                         -----------2 

equating eq.1 and eq.2  

𝝅

𝟒
𝑫𝟏

𝟐. 𝑷𝒑.
𝟏

𝒏
=

𝝅

𝟒
𝒅𝒄

𝟐𝝈𝒕    

The  P.C.D of the bolt or stud is  taken as:𝑫𝒐 = 𝑫𝑷 + 𝟑𝒅𝟏 

      𝑫𝒑 = 𝑫𝟏 + 𝟑𝒅𝟏   and the next outside diameter of the cover is kept as: 

     𝑫𝒐 = 𝑫𝑷 + 𝟑𝒅𝟏      and the initial tension due to tightening of  bolt: 

   𝑷𝒊 = 𝟐𝟖𝟒𝟎𝒅        N   for bolts and threads which need tight  

𝑷𝒊 = 𝟐𝟖𝟒𝟎𝒅  𝑵 

   Pi=142 d          Kg for bolts and studs which not need tight as cylinders𝑷𝒊 =

𝟏𝟒𝟐𝒅  𝑲𝒈            

Resultant axial load on the bolt   𝑷 = 𝒑𝟏 + 𝑲𝑷𝟐 

   P=P1+KP2           where  K value find from the following table 
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LECTURE 4 

 RIVETED JOINTS DESIGN 

 INTRODUCTION  
In engineering practice it is often required that two sheets or plates are joined together 

and carry the load in such ways that the joint is loaded. Many times such joints are 

required to be leak proof so that gas contained inside is not allowed to escape. A riveted 

joint is easily conceived between two plates overlapping at edges, making holes through 

thickness of both, passing the stem of rivet through holes and creating the head at the 

end of the stem on the other side. A number of rivets may pass through the row of holes, 

which are uniformly distributed along the edges of the plate. With such a joint having 

been created between two plates, they cannot be pulled apart. If force at each of the free 

edges is applied for pulling the plate apart the tensile stress in the plate along the row of 

rivet hole and shearing stress in rivets will create resisting force. Such joints have been 

used in structures, boilers and ships. 

 

 Objectives  
After studying this unit, you should be able to  

 describe the types of riveted joint,  

 calculate the strength of riveted joints,  

HEAD FORMING 

 

MATERIALS USED FOR RIVETS 

For steel plates the rivets are normally made in low carbon steel. However, the 

rivets in copper add to resistance against corrosion and aluminum rivets can be 

used to reduce the overall weight of the structure. The low carbon steel is 

standardized in composition particularly for boiler applications. 
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The classification of riveted joints is based on the following : 

Strong Joints  
In these joints strength is the only criterion. Joints in engineering structure such as beams, 

trusses and machine frames are strong joints.  

Tight Joints  

These joints provide strength as well as are leak proof against low pressures. Joints in 

reservoirs, containers and tanks fall under this group. 
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NOMENCLATURE 

Several dimensions become obviously important in a riveted joint and a design will consist in 

calculating many of them. These dimensions and their notations as to be used in this text are 

described below.  

Pitch  
As seen from Figures (a), (b) and (c) pitch, denoted by p, is the center distance between two 

adjacent rivet holes in a row.  

Back Pitch  
The center distance between two adjacent rows of rivets is defined as back pitch. It is denoted 

by pb and is shown in Figures (d) and (e).  

Diagonal Pitch  
The smallest distance between centers of two rivet holes in adjacent rows of a zigzag riveted 

joint is called diagonal pitch. Denoted by pd, the diagonal pitch is shown in Figure (e).  

Margin  

It is the distance between centre of a rivet hole and nearest edge of the plate. It is denoted 

by m as shown in Figures (b), (c) and (d). 
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MODES OF FAILURE OF A RIVETED JOINT 

 
a) Tearing of Plate at the Section Weakened by Holes  

Figure 3.6 shows this mode of failure. The plate at any other section is obviously stronger, 

and hence does not fail. If tensile force P is to cause tearing, it will occur along weakest 

section, which carries the row of rivets. If only one pitch length p is considered; it is 

weakened by one hole diameter d. The area that resists the tensile force is  

At = (p – d) t  
If the permissible stress for plate in tension is t, then tensile strength of the joint or tensile 

load carrying capacity of the joint  

𝑃𝑡 = (𝑝 − 𝑑)𝑡𝜎𝑡 
If P is the applied tensile force per pitch length then the joint will not fail if  

𝑃𝑡 ≥ 𝑃 

 
 
(b) Shearing of Rivet  

Figure 3.7 shows how a rivet can shear. The failure will occur when all the rivets in a row 

shear off simultaneously. Considers the strength provided by the rivet against this mode of 

failure, one consider number of rivets in a pitch length which is obviously one. Further, in a 

lap joint failure due to shear may occur only along one section of rivet as shown in Figure 

3.7(a). However, in case of double cover butt joint failure may take place along two sections 

in the manner shown in Figure 3.7(b). So in case of single shear th0e area resisting shearing 

of a rivet,  

𝐴𝑠 =
𝜋

4
𝑑2  

 (Since the difference between diameter of hole and diameter of rivet is very small, diameter 

of hole is used for diameter of the rivet).  

 
(Since the difference between diameter of hole and diameter of rivet is very small, diameter 

of hole is used for diameter of the rivet). 

𝑃𝑠 = 𝜎𝑠

𝜋

4
𝑑2 
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The failure will not occur if 

𝑃𝑠 ≥ 𝑃 
We may also write if n is the number of rivets per pitch length 

𝑃𝑠 = 𝑛𝜎𝑠

𝜋

4
𝑑2 

The permissible stress in double shear is 1.75 times that in single shear. Hence in double 

shear 

𝑃𝑠 = 𝑛 ∗ 1.75 ∗ 𝜎𝑠 ∗
𝜋

4
𝑑2 

 
c) Crushing of Plate and Rivet  

Due to rivet being compressed against the inner surface of the hole, there is a possibility that 

either the rivet or the hole surface may be crushed. The area, which resists this action, is the 

projected area of hole or rivet on diametral plane. The area per rivet is 

 

 

𝐴𝑐 = 𝑑𝑡 

If permissible crushing or bearing stress of rivet or plate is 𝜎𝑐the crushing strength of the joint 

or load carrying capacity of the joint against crushing is, 

𝑃𝑐 = 𝑑𝑡𝜎𝑐 

 

The failure in this mode will not occur if 

𝑷𝒄 ≥ 𝑷 

 

where P is applied load per pitch length, and there is one rivet per pitch. If 

number of rivets is n in a pitch length then right hand side in Eq. is multiplied by n. 

 
(d) Shearing of Plate Margin near the Rivet Hole  

Figure 3.9 shows this mode of failure in which margin can shear along planes 

ab and cd. If the length of margin is m, the area resisting this failure is, 

𝑨𝒎𝒔 = 𝟐𝒎𝒕 

If permissible shearing stress of plate is  𝝈𝒔  then load carrying capacity of the joint 

against shearing of the margin is, 
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𝑷𝒎𝒔 = 𝟐𝒎𝒕𝝈𝒔 

The failure in this case will not occur if 

𝑷𝒎𝒔 ≥ 𝑷 

where P is the applied load per pitch length. 

 

EFFICIENCY OF RIVETED JOINTS 

If only a pitch length of solid or hole free plate is considered then its load 

carrying capacity will be 

𝑃1 = 𝑝𝑡𝜎𝑡 

P1 will apparently be greater then Pt, Ps, Pc or Pms. The ratio of any of Pt, 

Ps, Pc or Pms to P1 is defined as the efficiency of the joint in that particular mode. 

Ideally Pt, Ps, Pc and Pms all must be equal, but actually it may not be the case. The 

efficiency of the joint will be determined by least of Pt, Ps, Pc, and Pms. Thus 

efficiency of the joint is, 

𝛾 =
𝑙𝑒𝑎𝑠𝑡 𝑜𝑓 𝑝𝑡, 𝑝𝑠, 𝑝𝑐𝑎𝑛𝑑𝑝𝑚𝑠

𝑝𝑡𝜎𝑡
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CALCULATION OF HOLE DIA AND PITCH 

For an ideal joint the rivet should be equally strong against shearing and crushing. 

Hence, from Eqs. (3.3) and (3.7), making Ps = Pc 

𝜋

4
𝑑2𝜎𝑠 = 𝑑𝑡𝜎𝑐 

𝑑 = 1.274
𝜎𝑐

𝜎𝑠
𝑡   in single shear 

If rivet is in double shear, 

𝑑 = 0.637
𝜎𝑐

𝜎𝑠
𝑡 

Also equating right hand sides of Eqs 

(𝑝 − 𝑑)𝑡𝜎𝑡 =
𝜋

4
𝑑2𝜎𝑠  

𝑝 =
𝜋𝑑2

4𝑡𝜎𝑡
𝜎𝑠 + 𝑑 

Equating right hand sides of Eqs. 

2𝑚𝑡𝜎𝑠 = 𝑑𝑡𝜎𝑐 

𝑚 =
𝑑

2

𝜎𝑐

𝜎𝑠
 

𝑑 = 6 √𝑡 

This is known as Unwin’s formula 
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Example.1  
Design a double riveted lap joint for MS plates 9.5 mm thick. Calculate the efficiency of the 

joint. The permissible stresses are :  

𝜎𝑡 = 90𝑀𝑝𝑎                 𝜎𝑠 = 75 𝑀𝑝𝑎       𝜎𝑐 = 150𝑀𝑝𝑎 
 

Solution  
The joint to be designed is shown schematically in Figure  
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Example 9.2. Find the efficiency of the following riveted joints : 

1. Single riveted lap joint of 6 mm plates with 20 mm diameter rivets having a pitch 

of 50 mm. 

2. Double riveted lap joint of 6 mm plates with 20 mm diameter rivets having a pitch 

of 65 mm. Assume  Permissible tensile stress in plate = 120 MPa 

  

H.W 
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Permissible shearing stress in rivets = 90 MPa 

Permissible crushing stress in rivets = 180 MPa 
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Design of Boiler Joints 
The boiler has a longitudinal joint as well as circumferential joint. The longitudinal joint is used to 

join the ends of the plate to get the required diameter of a boiler. For this purpose, a butt joint with 

two cover plates is used. The circumferential joint is used to get the required length of the boiler. For 

this purpose, a lap joint with one ring overlapping the other alternately is used. Since a boiler is 

made up of number of rings, therefore the longitudinal joints are staggered for convenience of 

connecting rings at places where both longitudinal and circumferential joints occur. 

Assumptions in Designing Boiler Joints 
The following assumptions are made while designing a joint for boilers : 

1. The load on the joint is equally shared by all the rivets. The assumption implies that the 

shell and plate are rigid and that all the deformation of the joint takes place in the rivets 

themselves. 

2. The tensile stress is equally distributed over the section of metal between the rivets. 

3. The shearing stress in all the rivets is uniform. 

4. The crushing stress is uniform. 

5. There is no bending stress in the rivets. 

6. The holes into which the rivets are driven do not weaken the member. 

7. The rivet fills the hole after it is driven. 

8. The friction between the surfaces of the plate is neglected. 
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Design of Longitudinal Butt Joint for a Boiler 
According to Indian Boiler Regulations (I.B.R), the following procedure should be adopted for 

the design of longitudinal butt joint for a boiler. 

1. Thickness of boiler shell. First of all, the thickness of the boiler shell is determined by using 

the thin cylindrical formula, i.e. 
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Design of Circumferential Lap Joint for a Boiler 
The following procedure is adopted for the design of circumferential lap joint for a boiler. 

1. Thickness of the shell and diameter of rivets. The thickness of the boiler shell and the 

diameter of the rivet will be same as for longitudinal joint. 

2. Number of rivets. Since it is a lap joint, therefore the rivets will be in single shear. 

Shearing resistance of the rivets, 
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LECTURE 5 

Design of Welded Joints 

Welding and welded connections 
Welding is the process of joining two pieces of metal by creating a strong 
metallurgical bond between them by heating or pressure or both. It is 
distinguished from other forms of mechanical connections, such as riveting or 
bolting, which are formed by friction or mechanical interlocking. It is one of the 
oldest and reliable methods of joining. 
 

Objectives  
After studying this unit, you should be able to  

 describe the types of welded  joint,  

 calculate the strength of welded joints,  

 
Types of Welded Joints 

Lap Joint 
The lap joint or the fillet joint is obtained by overlapping the plates and then welding the edges 

of the plates. The cross-section of the fillet is approximately triangular. The fillet joints may be 

1. Single transverse fillet, 2. Double transverse fillet, and 3. Parallel fillet joints. 

The fillet joints are shown in Fig. 10.2. A single transverse fillet joint has the disadvantage that 

the edge of the plate which is not welded can buckle or warp out of shape. 

 

Butt Joint 
The butt joint is obtained by placing the plates edge to edge as shown in Fig. 10.3. In butt welds, 

the plate edges do not require beveling if the thickness of plate is less than 5 mm. On the other hand, if 

the plate thickness is 5 mm to 12.5 mm, the edges should be beveled to V or U-groove on both sides. 
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Strength of Transverse Fillet Welded Joints 
We have already discussed that the fillet or lap joint is obtained by overlapping the plates and 

then welding the edges of the plates. The transverse fillet welds are designed for tensile strength. Let 

us consider a single and double transverse fillet welds as shown in Fig. 10.6 (a) and (b) respectively. 

 

In order to determine the strength of the fillet joint, it is assumed that the section of fillet is a 

right angled triangle ABC with hypotenuse AC making equal angles with other two sides AB and BC. 

The enlarged view of the fillet is shown in Fig. 10.7. The length of each side is known as leg or size 

of the weld and the perpendicular distance of the hypotenuse from the intersection of legs (i.e. BD) is 

known as throat thickness. The minimum area of the weld is obtained at the throat BD, which is given 

by the product of the throat thickness and length of weld. 

Let t = Throat thickness (BD), 

s = Leg or size of weld, 

= Thickness of plate, and 

l = Length of weld, 

From Fig. 10.7, we find that the throat thickness, 

 

t = s × sin 45° = 0.707 s 

*Minimum area of the weld or throat area, 

A = Throat thickness ×Length of weld 

= t × l = 0.707 s × l 
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If 𝜎t is the allowable tensile stress for the weld 

metal, then the tensile strength of the joint for single fillet weld, 

P = Throat area × Allowable tensile stress = 0.707 s × l × 𝜎𝑡 

and tensile strength of the joint for double fillet weld, 

P = 2 × 0.707 s × l × 𝜎𝑡 = 1.414 s × l × 𝜎𝑡 

Note: Since the weld is weaker than the plate due to slag and blow holes, therefore the weld is given a 

reinforcement which may be taken as 10% of the plate thickness. 

Strength of Parallel Fillet Welded Joints 
The parallel fillet welded joints are designed for shear strength. Consider a double parallel fillet 

welded joint as shown in Fig. 10.8 (a). We have already discussed in the previous article, that the 

minimum area of weld or the throat area, 

A = 0.707 s × l 

If 𝜏is the allowable shear stress for the weld metal, then the shear strength of the joint for single 

parallel fillet weld, 

P = Throat area × Allowable shear stress = 0.707 s × l × 𝜏
and shear strength of the joint for double parallel fillet weld, 

P = 2 × 0.707 × s × l × 𝜏= 1.414 s × l × 𝜏 

 

Notes: 1. If there is a combination of single transverse and double parallel fillet welds 

as shown in Fig. 10.8 (b), 

then the strength of the joint is given by the sum of strengths of single transverse and 

double parallel fillet welds. 

Mathematically, 

P = 0.707s × l1 × 𝜎t + 1.414 s × l2 × 𝜏
where l1 is normally the width of the plate. 

2. In order to allow for starting and stopping of the 

bead, 12.5 mm should be added to the length of each weld obtained by the above 

expression. 

3. For reinforced fillet welds, the throat dimension may be taken as 0.85 t. 

 
 

Special Cases of Fillet Welded Joints 

The following cases of fillet welded joints are important from the subject point of 

view. 

1. Circular fillet weld subjected to torsion. Consider a circular rod connected to a 

rigid plate by a fillet weld as shown in Fig. 10.9. 

Let d = Diameter of rod, 
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r = Radius of rod, 

T = Torque acting on the rod, 

s = Size (or leg) of weld, 

t = Throat thickness, 

*J = Polar moment of inertia of the weld section=
𝜋𝑡𝑑3

4
 

We know that shear stress for the material,                   

 

𝑇

𝐽
=

𝜏

𝑟
 

𝜏 =
𝑇𝑟

𝐽
  = 

𝑇∗𝑑
2⁄

𝐽
                 J = 𝜋𝑡𝑑3

4
   

𝜏 =
𝑇∗𝑑

2⁄

 
𝜋𝑡𝑑3

4

                           

𝜏 =
2𝑇

𝜋𝑡𝑑2
  

This shear stress occurs in a horizontal plane along a leg of the fillet weld. The 

maximum shear occurs on the throat of weld which is inclined at 45° to the horizontal 

plane. 

Length of throat, t = s sin 45° = 0.707 s 

and maximum shear stress, 

𝜏𝑚𝑎𝑥 =
2𝑇

𝜋∗0.707𝑠∗𝑑2
    =𝜏𝑚𝑎𝑥 =

2.83𝑇

𝜋∗𝑠∗𝑑2
 

Example 1. A 50 mm diameter solid shaft is welded to a flat 

plate by 10 mm fillet weld as shown in Fig. 10.12. Find the maximum 

torque that the welded joint can sustain if the maximum shear stress 

intensity in the weld material is not to exceed 80 MPa. 

Solution. Given : d = 50 mm ; s = 10 mm ; max = 80 MPa = 80 N/mm2 
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Let T = Maximum torque that the welded joint can sustain. 

We know that the maximum shear stress 
 

𝝉𝒎𝒂𝒙 =
𝟐𝑻

𝝅∗𝟎.𝟕𝟎𝟕𝒔∗𝒅𝟐
 = 

𝟐.𝟖𝟑𝑻

𝝅∗𝒔∗𝒅𝟐
 

𝟖𝟎 =
𝟐.𝟖𝟑𝑻

𝝅∗𝟏𝟎∗𝟓𝟎
 =𝟐. 𝟐𝟐 ∗ 𝟏𝟎𝟔 N.mm                           Ans. 

Strength of Butt Joints 

The butt joints are designed for tension or compression. Consider a single V-butt joint 

as shown 

in Fig. 10.14 (a). 

 

In case of butt joint, the length of leg or size of weld is equal to the throat thickness 

which is 

equal to thickness of plates. 

Tensile strength of the butt joint (single-V or square butt joint), 

P = t × l × 𝜎t 

where l = Length of weld. It is generally equal to the width of plate. 

and tensile strength for double-V butt joint as shown in Fig. 10.14 (b) is given by 

P = (t1 + t2) l × 𝜎t 

where t1 = Throat thickness at the top, and 

t2 = Throat thickness at the bottom. 

 

Example 2. A plate 100 mm wide and 10 mm thick is to be welded to another plate 

by means of double parallel fillets. The plates are subjected to a static load of 80 kN. 

Find the length of weld if the permissible shear stress in the weld does not exceed  

55 MPa. 

Solution. Given: *Width = 100 mm ; 
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Thickness = 10 mm ; P = 80 kN = 80 × 103 N ; 

𝝉= 55 MPa = 55 N/mm2 

Let l =Length of weld, and 

s = Size of weld = Plate thickness = 10 mm ... (Given) 

We know that maximum load which the plates can carry for double parallel fillet 

weld (P), 

80 × 103 = 1.414 × s × l × 𝝉= 1.414 × 10 × l × 55 = 778 l 

l = 80 × 103 / 778 = 103 mm 

Adding 12.5 mm for starting and stopping of weld run, we have 

l = 103 + 12.5 = 115.5 mm Ans. 

Example 3. 

A plate 75 mm wide and 12.5 mm thick is joined with another plate by a single 

transverse weld and a double parallel fillet weld as shown in the figure below:- 

 
The maximum tensile and shear stress are 70 Mpa and 56 Mpa respectively . Find 

the length of each parallel fillet weld if the joint is subjected to both static and 

fatigue loading. 

Given data: 

Transverse and parallel fillet weld 

Width=w=75 mm 

S=12.5 mm 

σt =70 Mpa     τ=56 Mpa 

length of parallel fillet weld=l2=--- 

i-static loading 

ii- fatigue loading 

Solution; 

Let  l1=length of transverse fillet weld 

 l1=75-12.5=62.5 mm ؞

Now , since total loading acting on the plates  

𝑷 = 𝝈𝒕. 𝑨 

P=70 *75*12.5=65.63*10
3
 N 

Let , P1=load carried by single transverse fillet weld 
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Failure starts from minimum area  

Since minimum thickness =throat thickness 

∴  t = throat thickness 

Sin45=t/s 

T=sin45*S 

∴ minimum area will be at throat 

A= t*l 

A=0.707 .S.l1--------for transverse fillet weld 

∴  minimum area for double transverse parallel fillet weld 

A=2.t.l2             ⋯      Two areas  

A=2*0.707*S*l2 

  =1.414*S* l2            for double parallel fillet weld 

 

∴   load carried out by single transverse fillet weld  

P1= A*𝝈𝒕=0.707*S*l1*𝝈𝒕 

P1= 0.707*12.5*62.5*70= 38.664*10
3
 N 

Similarly load carried by parallel fillet weld  

P2=𝑨 ∗ 𝝉   
    =1.414 .S. l2. 𝝉 

    = 1.414*12.5*l2*56 

    = 989.8 l2    N 

Hence total load on weld or plates 

P=P1+P2 

∴  65.63*10
3
=(38.66*10

3
)+(990 l2) 

L2=27.2 mm 

 

∴  adding 12.5 mm for start and stop of weld 

      l2 = 27.2+12.5=39.7 mm≅40 mm        for static loading                ANS. 
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Example 4. 

Determine the weld run for a plate of size 120 mm wide and 15 mm thick to be 

welded to another plate by means of : 

i> a single transverse fillet weld 

ii> double parallel fillet weld when, the joint is subjected to variable loads. 

Take: 

𝝈𝒕 =70 Mpa     𝝉 =56 Mpa 

                    

   

Given data: 

Width=w=120 mm 

Thickness=S=15 mm 

First of all let's draw the weld graph 

 

 
i-length of transverse fillet weld (l1)= -- 

ii-length of parallel fillet weld (l2)= -- 

variable loads =fatigue loading 

Solution 

Since length of single transverse fillet weld  

l1=120-12.5=107.5 mm 

total load acting on the plates  

 

𝑷 = 𝝈𝒕. 𝑨 =120*15*70=126*10
3 

N 

 

∴  Minimum thickness in weld =throat thickness 

Failure always takes place in minimum area 

A= t*l1 

A=0.707*S*l1 

 

Load carried by transverse fillet weld  

𝑷𝟏 = 𝑨 ∗ 𝝈𝒕𝟏  
i- for stress concentration factor for transverse fillet weld=1.5 

ii-    =     =          =  for double parallel fillet weld=2.7 

𝝈𝒕𝟏 =
𝟕𝟎

𝟏 . 𝟓
= 𝟒𝟔. 𝟕 𝑵/𝒎𝒎𝟐 

 

𝝉𝟏 =
𝟓𝟔

𝟐.𝟕
=  𝟐𝟎. 𝟕𝟒𝑵/𝒎𝒎𝟐    

 

P1=0.707*S*l1*46.7=53.24 *10
3
 N 

Now  load carried by double parallel fillet weld: 

𝑷𝟐 = 𝟐𝑨 ∗ 𝝉  
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 P2=2*0.707*S*l2* 𝝉  

P2=2*0.707**15*l2*20.74=440 l2  N 

 

l2=165.4 mm 

adding 12.5 mm in l2 in order to consider start and stop of weld 

l2=165.4+12.5=177.9 mm            ANS 

 

Example/ 5 

A plate 100mm wide and 12.5mm thick is to be welded to another plate by means of 

parallel fillet welds. The plates are subjected to a load of 50 kN. Find the length of 

the weld so that the maximum stress does not exceed 56 Mpa. Consider the joint 

first under ststic loading the under fatigue loading. (Take Kt=2.7) 

Sol. Given data: W=100mm     S=12.5 mm    P=50 kN    τ =56Mpa 

P=1.414.S.l. τ 

50*10
3
=1.414*12.5*l*56           l=50.5 mm 

Adding 12.5mm for starting and stopping the weld run 

12.5+50.5=63 mm 

Now to find the length for fatigue loading 

𝝈𝒌𝒕 =
𝝈𝒔

𝑲𝒕
=

𝟓𝟔

𝟐. 𝟕
= 𝟐𝟎. 𝟕𝟒  𝑵

𝒎𝒎𝟐⁄  

50*10
3
=1.414*12.5*l*20.74        l=136.2 mm       ans. 

adding 12.5 for starting and stopping the weld run 

136.2+12.5=148.7 mm 
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6 
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Example/7 

Find the throat thickness and minimum area of throat thickness for a transverse 

fillet weld for a plate 100 mm wide and 12.5 mm thick, then find the reinforcement 

of the weld zone. Draw enlarged view for the fillet 

weld 

Solution/  

𝒕 = 𝒔𝒊𝒏𝟒𝟓𝒙 𝑺 =sin 45x12.5=0.707x12.5=8.8375 mm 

Reinforcement=0.85 t=0.85*8.83=7.5 mm 
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Lecture 6 

Shaft Design 

Shafts 

A shaft   is a rotating machine element which is used to transmit power from one 

place to another. The power is delivered to the shaft by some tangential force 

and the resultant torque (or twisting moment) set up within the shaft permits the 

power to be transferred to various machines linked up to the shaft. In order to 

transfer the power from one shaft to another, the various members such as 

pulleys, gears etc., are mounted on it. These members along with the forces 

exerted upon them causes the shaft to bending. 
In other words, we may say that a shaft is used for the transmission of torque 

and bending moment. The various members are mounted on the shaft by means 

of keys or splines. 

 

Notes: 1. The shafts are usually cylindrical, but may be square or cross-shaped in 

section. They are solid in cross-section but sometimes hollow shafts are also used. 

2. An axle, though similar in shape to the shaft, is a stationary machine element 

and is used for the transmission of bending moment only. It simply acts as a 

support for some rotating body such as hoisting drum, a car wheel or a rope 

sheave. 

3. A spindle is a short shaft that imparts motion either to a cutting tool (e.g. drill 

press spindles) or to a work piece (e.g. lathe spindles). 
 

Objectives  
After studying this unit, you should be able to  

 describe the types of  shafts 

 calculate the strength and loads  of shafts 
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Material Used for Shafts 

The material used for shafts should have the following properties : 

1. It should have high strength. 

2. It should have good machinability. 

3. It should have low notch sensitivity factor. 

4. It should have good heat treatment properties. 

5. It should have high wear resistant properties. 

The material used for ordinary shafts is carbon steel of grades 40 C 8, 45 C 8, 50 

C 4 and 50 C 12. 

The mechanical properties of these grades of carbon steel are given in the 

following table 

 
 

Types of Shafts 

The following two types of shafts are important from the subject point of view : 

1. Transmission shafts. These shafts transmit power between the source and the 

machines absorbing power. The counter shafts, line shafts, over head shafts and 
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all factory shafts are transmission shafts. Since these shafts carry machine parts 

such as pulleys, gears etc., therefore they are subjected to bending in addition to 

twisting. 

2. Machine shafts. These shafts form an integral part of the machine itself. The 

crank shaft is an example of machine shaft. 
 

Standard Sizes of Transmission Shafts 

The standard sizes of transmission shafts are : 

25 mm to 60 mm with 5 mm steps; 60 mm to 110 mm with 10 mm steps ; 110 mm 

to 140 mm 

with 15 mm steps ; and 140 mm to 500 mm with 20 mm steps. 

The standard length of the shafts are 5 m, 6 m and 7 m. 
Stresses in Shafts 

The following stresses are induced in the shafts : 

1. Shear stresses due to the transmission of torque (i.e. due to torsional load). 

2. Bending stresses (tensile or compressive) due to the forces acting upon 

machine elements 

like gears, pulleys etc. as well as due to the weight of the shaft itself. 

3. Stresses due to combined torsion and bending loads. 
 

Maximum Permissible Working Stresses for Transmission Shafts 

According to American Society of Mechanical Engineers (ASME) code for the 

design of transmission shafts, the maximum permissible working stresses in 

tension or compression may be taken as 

(a) 112 MPa for shafts without allowance for keyways. 

(b) 84 MPa for shafts with allowance for keyways. 

 

For shafts purchased under definite physical specifications, the permissible 

tensile stress (t) may be taken as 60 per cent of the elastic limit in tension (el), 

but not more than 36 per cent of the ultimate tensile strength (u). In other 

words, the permissible tensile stress, t = 0.6 el or 0.36 u, whichever is less. The 

maximum permissible shear stress may be taken as 

(a) 56 MPa for shafts without allowance for key ways. 

(b) 42 MPa for shafts with allowance for keyways. 

For shafts purchased under definite physical specifications, the permissible shear 

stress () may 

be taken as 30 per cent of the elastic limit in tension (el) but not more than 18 

per cent of the ultimate tensile strength (u). In other words, the permissible 

shear stress,= 0.3 el or 0.18 u, whichever is less. 
 

Design of Shafts 

The shafts may be designed on the basis of 

1. Strength, and 2. Rigidity and stiffness. 

In designing shafts on the basis of strength, the following cases may be 

considered : 

(a) Shafts subjected to twisting moment or torque only, 

(b) Shafts subjected to bending moment only, 

(c) Shafts subjected to combined twisting and bending moments, and 
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(d) Shafts subjected to axial loads in addition to combined torsion and bending 

loads. 

We shall now discuss the above cases, in detail, in the following pages. 
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Example: 

A line shaft is driven by means of motor placed vertically below it. A 

pulley on the line shaft is (1.5 m) in diameter and has belt tensions of 

(5.4 kN and 1.8 kN) on tight side and slack of belt respectively. Both 

these tensions are assumed to be vertical. If the pulley to be over 

hanged from the shaft, the distance of the center line of the pulley from 

the center line of the shaft is (400 mm), find the diameter of the shaft 

(take s=42 Mpa) 

Solution 

D=150 m= 1500 mm 

Tension side=5.4 kN 

Slack side= 1.8 kN 

s=42 Mpa 

Torque transmitted by shaft 

T=(T1-T2).R =(5400-1800)*1500/2=2700*10
3 
 N.mm 

The total load on the shaft 

W= T1+T2=5400+1800=7200 N 

Bending moment acting on the shaft 

MA=W*400=7200*400=2880*10
3
 N.mm 

Shaft is subjected to both twisting and bending moment 

𝑻𝒆 = √𝑻𝟐 + 𝑴𝟐 = √(𝟐𝟕𝟎𝟎 ∗ 𝟏𝟎𝟑)𝟐 + (𝟐𝟖𝟖𝟎 ∗ 𝟏𝟎𝟑)𝟐   

=3950*10
3
 N.mm 

𝑻𝒆 =
𝝅

𝟏𝟔
𝝈𝒔𝒅𝟑 

3950*10
3
=

𝝅

𝟏𝟔
 *42*d

3
 

D=78 mm             ans.     
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Lecture  7 

Key Design  

 Introduction 

A key is a piece of mild steel inserted between the shaft and hub or boss of the 

pulley to connect these together in order to prevent relative motion between them. It 

is always inserted parallel to the axis of the shaft. Keys are used as temporary 

fastenings and are subjected to considerable crushing and shearing stresses. A 

keyway is a slot or recess in a shaft and hub of the pulley to accommodate a key. 

Objectives  
After studying this unit, you should be able to  

 Describe the types of keys and couplings  

 calculate the strength of keys and couplings 

Types of Keys 

The following types of keys are important from the 

subject point of view : 

1. Sunk keys, 2. Saddle keys, 3. Tangent keys, 

4. Round keys, and 5. Splines. 

We shall now discuss the above types of keys, in 

detail, in the followings: 
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Forces acting on a Sunk Key 

When a key is used in transmitting torque from a shaft to a rotor 

or hub, the following two types of forces act on the key : 

1. Forces (F1) due to fit of the key in its keyway, as in a tight fitting straight key or in 

a tapered key driven in place. These forces produce compressive stresses in the key 

which are difficult to determine in magnitude. 

2. Forces (F) due to the torque transmitted by the shaft. These forces produce shearing 

and compressive (or crushing) stresses in the key. The distribution of the forces along 

the length of the key is not uniform because the forces are concentrated near the 

torque-input end. The non-uniformity of distribution is caused by the twisting of the 
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shaft within the hub. The forces acting on a key for a clockwise torque being 

transmitted from a shaft to a hub are shown in Fig. 13.9. 

In designing a key, forces due to fit of the key are neglected and it is assumed that the 

distribution of forces along the length of key is uniform. 

 

Strength of a Sunk Key 

A key connecting the shaft and hub is shown in Fig. 13.9. 

Let T = Torque transmitted by the shaft, 

F = Tangential force acting at the circumference of the shaft, 

d = Diameter of shaft, 

l = Length of key, 

w = Width of key. 

t = Thickness of key, and 

and c = Shear and crushing stresses for the material of key. 

A little consideration will show that due to the power transmitted by the shaft, the key 

may fail due to shearing or crushing. Considering shearing of the key, the tangential 

shearing force acting at the circumference of the shaft, 
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w

 

 

Example1: 

Design the rectangular key for a shaft of 50mm diameter, the shearing and 

crushing stresses for the key material are 42Mpa. And 70 Mpa respectively. 

Given data: dia.=d=50 mm 

s= 42 Mpa and  c=70 Mpa 

Let L=length of the key 

L=1.25d=1.25*50=62.5 mm 

Now considering the shearing failure of key to find the length of the key 

𝑻 = 𝑳. 𝑾. 𝝈𝒔.
𝒅

𝟐
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𝑻 =
𝝅

𝟏𝟔
. 𝝈𝒔𝟏. 𝒅𝟑 

𝑳. 𝑾. 𝝈𝒔.
𝒅

𝟐
=

𝝅

𝟏𝟔
. 𝝈𝒔𝟏. 𝒅𝟑 

𝑾 =
𝟐𝝅𝝈𝒔𝟏𝒅𝟐

𝟏𝟔𝝈𝒔 . 𝑳
=

𝝅𝒅𝟐

𝟖. 𝑳
=

𝝅 ∗ 𝟓𝟎𝟐

𝟖 ∗ 𝟔𝟐. 𝟓
= 𝟏𝟓. 𝟕 = 𝟏𝟔 𝒎𝒎 

Now considering crushing stress failure to find the thickness of the key 

𝝅

𝟏𝟔
. 𝝈𝒔𝟏. 𝒅𝟑 =

𝒕

𝟐
. 𝑳. 𝝈𝒄.

𝒅

𝟐
 

𝒕 =
𝝅. 𝝈𝒔𝟏. 𝒅𝟐 ∗ 𝟐 ∗ 𝟐

𝟏𝟔. 𝑳. 𝝈𝒄
 

=
𝝅∗𝟒𝟐∗𝟓𝟎𝟐∗𝟒

𝟏𝟔∗𝟔𝟐.𝟓∗𝟕𝟎
= 𝟏𝟖. 𝟖𝟒 = 𝟐𝟎 𝒎𝒎                ans. 

 

Example2: 

A45mm dia. Shaft is made of steel with yield shear strength of 400 Mpa.. A parallel 

key of size 14mm wide and 9 mm thick made of steel with a yield strength of 340 

Mpa is used. Find the length of key if the shaft is loaded to transmit the maximum 

permissible torque. Use maximum stress theory and assume  F.O.S=2 

Solution; 

Given data: 

d= 45 mm  

sy for key=340 Mpa 

sy for shaft= 400 Mpa 

W=14 mm    and    t=9 mm 

According to max. Shear stress theory 

For shaft 𝝈𝒔𝒑 =
𝝈𝒔𝒚

𝟐∗𝑭𝑶𝑺 
=

𝟒𝟎𝟎

𝟐∗𝟐
= 𝟏𝟎𝟎  𝑵

𝒎𝒎𝟐⁄  

For key 𝝈𝒔𝒑 =
𝝈𝒔𝒚

𝟐∗𝑭𝑶𝑺 
=

𝟑𝟒𝟎

𝟐∗𝟐
= 𝟖𝟓 𝑵

𝒎𝒎𝟐⁄   

Now considering shear failure for key to find the length of the key: 
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𝑻 =
𝝅

𝟏𝟔
. 𝝈𝒔𝟏. 𝒅𝟑 =

𝝅

𝟏𝟔
∗ 𝟏𝟎𝟎 ∗ 𝟒𝟓𝟑 = 𝟏. 𝟖 ∗ 𝟏𝟎𝟑 mm 

 

𝟏. 𝟖 ∗ 𝟏𝟎𝟑 =  𝑳. 𝑾. 𝝈𝒔.
𝒅

𝟐
= 𝑳 ∗ 𝟏𝟒 ∗ 𝟖𝟓 ∗

𝟒𝟓

𝟐
 

L=67.2 mm 

Now considering crushing failure to find the length of the key 

1.8*10
3
= 

𝒕

𝟐
. 𝑳. 𝝈𝒄.

𝒅

𝟐
 

To find the crushing stress  

𝑾

𝒕
=

𝝈𝒄

𝟐𝝈𝒔
 

𝝈𝒄 =264.5  𝑵
𝒎𝒎𝟐⁄  

L=67.2 mm  

Note: if we get two different lengths we choose the larger one      ans. 

Example 3 

A 15 KW 960 rpm motor has a mild steel shaft of 40 mm diameter and an extension 

of 75 mm long for the shaft. The permissible shear and crushing stresses for the 

mild steel key are 56 Mpa and 112 Mpa. Design square key in the motor shaft 

extension, then check shear strength against normal strength of the shaft. 

Solution: 

Given data: 

P=15 KW        N=960rpm         d=40 mm             L=75 mm   s=56 Mpa    

 c=112 Mpa 

𝑻 =
𝟔𝟎𝑷

𝟐𝝅𝑵
=

𝟔𝟎∗𝟏𝟓∗𝟏𝟎𝟑

𝟐𝝅∗𝟗𝟔𝟎
=149*10

3
 N.mm 

149*10
3
= 𝑳. 𝑾. 𝝈𝒔.

𝒅

𝟐
 

149*10
3
=75*W*56*40/2 

W=1.4 the width is too small therefore take  W=d/4=40/4=10 mm 
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Strength of key due to shear failure= 𝑳. 𝑾. 𝝈𝒔.
𝒅

𝟐
 

                                                         =75*10*56*40/2=84000 N 

Strength of shaft due to shear failure=
𝝅

𝟏𝟔
. 𝝈𝒔𝟏. 𝒅𝟑 

                                                             =
𝝅

𝟏𝟔
.∗ 𝟓𝟔 ∗. 𝟒𝟎𝟑=703360 N 

       84000/703360=1.47     ans. 
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Lecture 8 

Shaft Coupling Design 

 

A coupling is termed as a device used to make permanent or semi-permanent 

connection where as a clutch permits rapid connection or disconnection at the 

will of the operator. Shafts are usually available up to 7 metres length due to 

inconvenience in transport. In order to have a greater length, it becomes 

necessary to join two or more pieces of the shaft by means of a coupling. 

Objectives  
After studying this unit, the student should be able to  

 describe the types of couplings  

 calculate the strength couplings 

Types of Shafts Couplings 
1. Rigid coupling. 
sleeve or Muff-coupling 
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Clamp or Compression Coupling 

 
1. Design of muff and key 

The muff and key are designed in the similar way as discussed in muff coupling 
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Shaft Coupling 

Shafts are usually available up to 7 meters length due to inconvenience in transport. In 

order to have a greater length, it becomes necessary to join two or more pieces of the 

shaft by means of a coupling. 
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Flange Coupling 
Rigid  coupling. 

 
 

 

1. Unprotected type flange coupling. 
The usual proportions for an unprotected type cast iron flange coupling as 

shown in the following Fig. 

 

If d is the diameter of the shaft or inner diameter of the hub, then Outside diameter 

of hub, 

D = 2 d 

Length of hub, 

L = 1.5 d 

Pitch circle diameter of bolts, 

D1 = 3d 

Outside diameter of flange, 

D2 = D1 + (D1 – D) = 2 D1 – D = 4 d 

Thickness of flange,  

tf = 0.5 d 

Number of bolts = 3, for d upto 40 mm 

= 4, for d upto 100 mm 

= 6, for d upto 180 mm 

2. Protected type flange coupling. In a protected type flange coupling, as shown in 

Fig. 13.13, the protruding bolts and nuts are protected by flanges on the two halves 

of the coupling, in order to avoid danger to the workman. 
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3. Marine type flange coupling. In a marine type flange coupling, the flanges are 

forged integral with the shafts as shown in Fig. 13.14. The flanges are held together 

by means of tapered headless bolts, numbering from four to twelve depending upon 

the diameter of shaft. The number of bolts may be chosen from the following table. 

Table 13.2. Number of bolts for marine type flange coupling. 

[According to IS : 3653 – 1966 (Reaffirmed 1990)] 

 

 

The other proportions for the marine type flange coupling are taken as follows : 

Thickness of flange = d / 3 

Taper of bolt = 1 in 20 to 1 in 40 

Pitch circle diameter of bolts, D1 = 1.6 d 

Outside diameter of flange, D2 = 2.2 d 
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Design of Flange Coupling 

Consider a flange coupling as shown in Fig. 13.12 and Fig. 13.13. 

Let d = Diameter of shaft or inner diameter of hub, 

D = Outer diameter of hub, 

d1 = Nominal or outside diameter of bolt, 

D1 = Diameter of bolt circle, 

n = Number of bolts, 

tf = Thickness of flange, 

s, 𝝉b and k = Allowable shear stress for shaft, bolt and key material respectively 

c = Allowable shear stress for the flange material i.e. cast iron, 

cb, and ck = Allowable crushing stress for bolt and key material respectively. 

The flange coupling is designed as discussed below : 
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𝑻 =
𝝅

𝟏𝟔
𝝉 {

𝑫𝟒−𝒅𝟒

𝑫
}                  𝑻 =

𝝅

𝟏𝟔
𝝉{𝟏 − 𝑲𝟒} 

 

 

2. Design for key 

The key is designed with usual proportions and then checked for shearing and 

crushing stresses. The material of key is usually the same as that of shaft. The length 

of key is taken equal to the length of hub. 

 

 

Example 1. Design a cast iron protective type flange coupling to transmit 15 kW at 

900 r.p.m. from an electric motor to a compressor. The service factor may be 

assumed as 1.35. The following permissible stresses may be used : 

Shear stress for shaft, bolt and key material = 40 MPa 

Crushing stress for bolt and key = 80 MPa 

Shear stress for cast iron = 8 MPa 

Draw a neat sketch of the coupling 
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.
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Example 2. Design a cast iron flange flange coupling (un protective type) to 

connect two shafts (8 cm dia.) runs at (250 r.p.m) and transmits a torque of  

(430 kg.m)                                                                 

The following permissible stresses may be used: 

Permissible shear stress for shaft , bolt, and key material =500 kg/cm
2
 

Permissible crushing stress for bolt and key material= 1500 kg/cm
2
 

Permissible shear stress for cast iron =80 kg/cm
2
      

  (Draw a neat sketch of the coupling). 

Solution: 

Given Dia. of the shaft d=8 cm 

Speed of the shaft         N=250 r.p.m 

Torque transmitted       T= 43000 kg.cm 

Permissible shear stress for shaft, bolt, and key material 

𝝈𝒔 = 𝟓𝟎𝟎 𝒌𝒈/𝒄𝒎𝟐 

𝝈𝒄 = 𝟏𝟓 𝟎𝟎 𝒌𝒈/𝒄𝒎𝟐 

𝝈𝒔    for cast iron (C.I)=80 kg/cm
2
 

1- Design for hub 

D=2d =2x8=16 cm 

𝑻 =
𝝅

𝟏𝟔
 𝝈𝑺(

𝑫𝟒 − 𝒅𝟒

𝑫
) 

 

43000= 
𝝅

𝟏𝟔
 𝝈𝑺 (

𝟏𝟔𝟒−𝟖𝟒

𝟏𝟔
) 

𝝈𝑺=57 kg/cm
2    

(57<80 it's safe) 

Since the induced stress is less than (80 kg/cm
2
), therefore it's safe 

2- Design of key 

from table (12) the proportion of key for (8 cm) dia. shaft are: 

W=25mm=2.5cm 

t=14 mm=1.4 cm 

l=1.5d=1.5*8=12 cm 

𝑻 = 𝑳. 𝑾. 𝝈𝑺.
𝒅

𝟐
 

𝟒𝟑𝟎𝟎𝟎 = 𝟏𝟐𝒙𝟐. 𝟓𝒙𝝈𝑺𝒙
𝟖

𝟐
  

43000=240 𝝈𝑺      

𝝈𝑺 =179.2 Kg/cm
2
  (179.2 <500 Its safe) 
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𝑻 = 𝑳.
𝒕

𝟐
𝝈𝒄.

𝒅

𝟐
 

𝟒𝟑𝟎𝟎𝟎 = 𝟏𝟐.
𝟏.𝟒

𝟐
𝝈𝒄.

𝟖

𝟐
=134.4𝝈𝒄 

𝝈𝒄=320.8≈321 Kg/cm
2
 

321<1500  its safe 

3- Design for flange:    L= 1.5d= 1.5x8= 12 cm. 

The thickness of the flange is taken as: 

tf=0.5 d = 0.5x8= 4 cm 

 𝑻 =
𝝅𝑫𝟐

𝟐
𝝈𝑺. 𝒕𝒇 

𝟒𝟑𝟎𝟎𝟎 =
𝝅𝟏𝟔𝟐

𝟐
𝝈𝑺𝒙4 

𝝈𝑺= 26.7 kg/cm
2
 

Since the induced shear stress in the flange is less than ( 80kg/cm
2
),   

therefore its safe 

4-Design for bolts 

Since the diameter of shaft is (8 cm) therefore No. of bolts =4 

Pitch circle dia. = D1= 3d =3x8=24 cm 

𝑻 =
𝝅

𝟒
. 𝒅𝟏

𝟐. 𝝈𝒔.
𝑫𝟏

𝟐
.n 

𝟒𝟑𝟎𝟎𝟎 =
𝝅

𝟒
. 𝒅𝟏

𝟐 𝒙𝟓𝟎𝟎𝒙𝟒𝒙
𝟐𝟒

𝟐
  =37680. 𝒅𝟏

𝟐 

d= 1.06 cm    therefore M  x 

 

from table (       ) the nearest standard size of bolt  d1= M    Ans. 

The outside diameter = D2= 4d=4x8= 32 cm     Ans. 

 

 

Example 3: 
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A marine type flange coupling is used to transmit (3.75 MW) at (150 r.p.m). The 

allowable shear stress of the shaft and bolt may be taken as (50 N/mm
2
). Determine 

the shaft diameter and diameter of the bolts. cm
2
 (draw a neat sketch of the 

coupling).  Solution: 

Given horse power transmitted=P=3.75MW=3.75  x10
6
 W 

Speed= N=150 r.p.m 

. 𝝈𝒔=50 N/mm
2
 

Let   d=dia. of the bolt 

Using the relation: 

𝑻 =
𝑷𝒙𝟔𝟎

𝟐𝝅𝑵
  

𝑻 =
𝟑.𝟕𝟓𝒙𝟏𝟎𝟔𝒙𝟔𝟎

𝟐𝝅𝒙𝟏𝟓𝟎
=0.24x10

6 
N.m 

  =0.24x10
9
 N.mm 

Torque transmitted: 

𝑻 =
𝝅

𝟏𝟔
∗ 𝝈𝒔 ∗ 𝒅𝟑  

𝟎. 𝟐𝟒𝒙𝟏𝟎𝟗 =
𝝅

𝟏𝟔
∗ 𝟓𝟎 ∗ 𝒅𝟑 

d=290.2=290 mm 

let d1= dia. of the bolts 

from table 13.2 (3a) we find the number of bolts for the shaft diameter of 300 mm 

n=10 bolts 

𝑻 =
𝝅

𝟒
. 𝒅𝟏

𝟐. 𝝈𝒔. 𝒏.
𝑫𝟏

𝟐
                 D1=1.6D= 1.6X290=646 mm 

𝟎. 𝟐𝟒𝒙𝟏𝟎𝟗 =
𝝅

𝟒
. 𝒅𝟏

𝟐𝒙𝟓𝟎𝒙𝟏𝟎𝒙.
𝟔𝟒𝟔

𝟐
=126777.5 . 𝒅𝟏

𝟐 

d=43.5≈44 mm     from table the nearest number to 50.46 is M   x   

D2=2d= 2x290 =580 mm  and tf= d/3= 290/3=96.7 mm               Ans. 

 

 

Example :Design a protective type flange coupling for a M.S shaft transmitting  
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90 kW at 250rpm. The allowable shear stress in the shaft and the key is 60Mpa, and 

the allowable shear stress for coupling bolts is 30 Mpa. (Take permissible shear 

stress for hub (flange) =14 Mpa). 

Solution: 

1- Design for shaft 

𝑻 =
𝑷𝒙𝟔𝟎

𝟐𝝅𝑵
=

𝟗𝟎 ∗ 𝟏𝟎𝟑 ∗ 𝟔𝟎

𝟐𝝅 ∗ 𝟐𝟓𝟎
= 𝟑𝟒𝟑𝟗. 𝟓 = 𝟑𝟒𝟒𝟎 ∗ 𝟏𝟎𝟑𝑵 − 𝒎𝒎 

Now according to strength criteria: 

𝑻 =
𝝅

𝟏𝟔
𝝉. 𝒅𝟑 

𝟑𝟒𝟒𝟎 ∗ 𝟏𝟎𝟑 =
𝝅

𝟏𝟔
∗ 𝟔𝟎 ∗ 𝒅𝟑 = 𝟏𝟏. 𝟖𝒅𝟑 = 𝟏𝟐𝒅𝟑 

𝒅𝟑 = 𝟐𝟖𝟔𝟔𝟔. 𝟕 

d= 65.9 

=66 mm 

d=66 mm 

2-Design for hub 

We assume the hub as a hollow shaft subjected to shear: 

Let: D=Diameter of hub          

 D=2d=2*66=132 mm 

And the length of hub: 

L=1.5d=1.5*66=99100mm 

𝑻 =
𝝅

𝟏𝟔
𝝉 {

𝑫𝟒−𝒅𝟒

𝑫
} = 𝝅

𝟏𝟔
∗ {

𝟏𝟑𝟐𝟒−𝟔𝟔𝟒

𝟏𝟑𝟐
} 𝝉=2156220 𝝉 

𝝉 =1.5 N/mm
2 

Shear stress in the hub permissible shear stress for hub material 

 hub is safe under shear 
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3- Design for key 

Since d=66 mm =diameter of shaft 

 from table (3) we select w=20 mm and  t=12 mm 

Now considering the key under shear stress failure 

𝑻 = 𝑳. 𝒘. 𝝉
𝒅

𝟐
 

3440*10
3
=100*20*τ*66/2=66000 τ 

τ =52.12 N/mm
2 

Shear stress for key <permissible shear stress for key material 

52.13< 60 N/mm
2
 

Now considering the key under crushing stress 

𝑻 =
𝒕

𝟐
. 𝑳. 𝝈𝒄.

𝒅

𝟐
 

3440*10
3
=12/2*100*𝝈𝒄*66/2=19800 𝝈𝒄* 

𝝈𝒄=115.9 N/mm
2 

Crushing stress for key<permissible crushing stress for key material 

115.9<120  N/mm
2
 

 key is safe under crushing stress 

4- Design of flange 

Let:  tf=0.5d=0.5*75=37.538 mm 

And: tp=0.25d=0.25*75=18.7519 mm 

𝑻 =
𝝅𝑫𝟐

𝟐
𝝉. 𝒕𝒇 

3440*10
3
=D

2
/2*38*τ 
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τ=2.56 N/mm
2
 

shear stress for flange< permissible shear stress for flange material 

2.56< 14 

5- Design of bolt 

Let: D1=PCD  for bolts 

D1=3d=3*75=225 mm 

Considering bolts under shear: 

Shearing area= 
𝝅

𝟒
∗ 𝒅𝒄

𝟐𝝉
𝑫𝟏

𝟐
 

𝑻 =
𝝅

𝟒
. 𝒅𝒄

.𝟐. 𝒏 ∗ 𝝉         n=number of bolts 

Since the diameter of the shaft=75 mm 

From table 3a   n=6 bolts 

3440*10
3
=/4*𝒅𝒄

𝟐*6*30*225/2 

dc= 14.7 mm from table 8 the standard size for the bolt is M18 coarse 

series 

and D2=outer diameter=4d=4*75=300 mm        Ans. 
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Lecture -9 

Chain Drives Design 

The chains are made up of number of rigid links which are hinged together by pin 

joints in order to provide the necessary flexibility for wrapping round the driving 

and driven wheels. These wheels have projecting teeth of special profile and fit into 

the corresponding recesses in the links of the chain as shown in Fig .below. The 

chains are used for velocities up to 25 m / s and for power up to 110 kW. In some 

cases, higher power transmission is also possible. 

 

 
Objectives  
After studying this unit, the student should be able to:  

 describe the types of chains  

 calculate the strength of chains 

Types Of Chains 

The power transmitting chains are of the following three types. 

1. Block or bush chain. A block or bush chain is shown in Fig. 21.6. This type of 

chain was used in the early stages of development in the power transmission. 

 
 

2. Bush roller chain. A bush roller chain as shown in Fig. 21.7, consists of outer 

plates or pin link plates, inner plates or roller link plates, pins, bushes and rollers. A  

pin passes through the bush which is secured in the holes of the roller between the 

two sides of the chain. The rollers are free to rotate on the bush which protect the 
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sprocket wheel teeth against wear. The pins, bushes and rollers are made of alloy 

steel. 

 

 

 
 

3. Silent chain. A silent chain (also known as inverted tooth chain) is shown in Fig. 

21.9. 
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Terms Used in Chain Drive 

The following terms are frequently used in chain drive. 

1. Pitch of chain. It is the distance between the hinge centre of a link and the 

corresponding hinge centre of the adjacent link, as shown in Fig. 21.2. It is 

usually denoted by p. 
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2. Pitch circle diameter of chain sprocket. It is the diameter of the circle on which 

the hinge centers of the chain lie, when the chain is wrapped round a sprocket as 

shown in Fig. 21.2. The points A, B, C, and D are the hinge centers of the chain 

and the circle drawn through these centers is called pitch circle and its diameter (D) 

is known as pitch circle diameter. 

Relation Between Pitch and Pitch Circle Diameter 

Let           D = Diameter of the pitch circle, and 

                 T = Number of teeth on the sprocket. 

𝜽 =
𝟑𝟔𝟎𝒐

𝑻
 

 

𝑫 = 𝑷 𝒄𝒐𝒔𝒆𝒄{
𝟏𝟖𝟎𝒐

𝑻
} 

The sprocket outside diameter (Do), for satisfactory operation is given by 

                                              Do = D + 0.8 d1 

where d1 = Diameter of the chain roller. 

 
Velocity Ratio of Chain Drives 
The velocity ratio of a chain drive is given by 

      𝑽. 𝑹 =
𝑵𝟏

𝑵𝟐
=

𝑻𝟐

𝑻𝟏
 

where      N1 = Speed of rotation of smaller sprocket in r.p.m., 

               N2 = Speed of rotation of larger sprocket in r.p.m., 

              T1 = Number of teeth on the smaller sprocket, and 

             T2 = Number of teeth on the larger sprocket. 

 

Length of Chain and Centre Distance 

An open chain drive system connecting the two sprockets is shown in Fig. 21.3. 

 
 

Let T1 = Number of teeth on the smaller sprocket, 

T2 = Number of teeth on the larger sprocket, 

p = Pitch of the chain, and 

x = Centre distance. 
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The length of the chain (L) must be equal to the product of the number of chain 

links (K) and the pitch of the chain ( p). Mathematically, 

                      L = K.p 

𝑲 =
𝑻𝟏+𝑻𝟐

𝟐
+

𝟐𝒙

𝑷
+ [

𝑻𝟐−𝑻𝟏

𝟐𝝅
]𝟐 𝑷

𝒙
   

 

 

 

Design Procedure of Chain Drive: 

The chain drive is designed as discussed below: 

1. First of all, determine the velocity ratio of the chain drive. 

      𝑽. 𝑹 =
𝑵𝟏

𝑵𝟐
=

𝑻𝟐

𝑻𝟏
 

Where      N1 = Speed of rotation of smaller sprocket in r.p.m., 

               N2 = Speed of rotation of larger sprocket in r.p.m., 

              T1 = Number of teeth on the smaller sprocket, and 

             T2 = Number of teeth on the larger sprocket.  

2. Select the minimum number of teeth on the smaller sprocket or pinion from 

Table 21.5. 

 

3. Find the number of teeth on the larger sprocket. 
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             𝑻𝟐 = 𝑻𝟏.
𝑵𝟏

𝑵𝟐
  

4. Determine the design power by using the service factor, such that 

     Design power = Rated power × Service factor (KS) 

 The service factor (KS) is the product of various factors, such as load factor (K1),     

lubrication factor (K2) and rating factor (K3). The values of these factors are taken 

as follows: 

1. Load factor (K1) = 1, for constant load 

                                = 1.25, for variable load with mild shock 

                                = 1.5, for heavy shock loads 

2. Lubrication factor (K2) = 0.8, for continuous lubrication 

                                          = 1, for drop lubrication 

                                          = 1.5, for periodic lubrication 

3. Rating factor (K3) = 1, for 8 hours per day 

                                  = 1.25, for 16 hours per day 

                                  = 1.5, for continuous service 

𝑲𝑺 = 𝑲𝟏. 𝑲𝟐. 𝑲𝟑. 

5. Choose the type of chain, number of strands for the design power and r.p.m. of 

the smaller sprocket from Table 21.4. 

 

 
 

 

 

 

 

6. Note down the parameters of the chain, such as pitch, roller diameter, minimum 

width of roller etc. from Table 21.1. 
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7. Find pitch circle diameters and pitch line velocity of the smaller sprocket. 

  Pitch circle diameter of smaller sprocket or pinion: 

𝒅𝟏 = 𝑷 𝒄𝒐𝒄𝒆𝒔(
𝟏𝟖𝟎

𝑻𝟏
)     mm 

𝒅𝟐 = 𝑷𝒄𝒐𝒔𝒆𝒄 (
𝟏𝟖𝟎

𝑻𝟐
)   mm 

and pitch line velocity: 

𝑽𝟏 =
𝝅𝒅𝟏𝑵𝟏

𝟔𝟎
      m/s  

8. Determine the load (W) on the chain by using the following relation, i.e. 

𝑾 =
𝑹𝒂𝒕𝒆𝒅 𝒑𝒐𝒘𝒆𝒓

𝑷𝒊𝒕𝒄𝒉 𝒍𝒊𝒏𝒆 𝒗𝒆𝒍𝒐𝒄𝒊𝒕𝒚
         N 

 

9. Calculate the factor of safety by dividing the breaking load (WB) to the load on 

the chain ( W ). This value of factor of safety should be greater than the value given 

in Table 21.2. 
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  𝑭𝒂𝒄𝒕𝒐𝒓 𝒐𝒇 𝒔𝒂𝒇𝒆𝒕𝒚 =
𝑾𝑩

𝑾
 

 

 
10. Fix the centre distance between the sprockets. 

The minimum centre distance between the smaller and larger sprockets should be 

30 to 50 times the pitch. Let us take it as 30 times the pitch. 

Centre distance between the sprockets, = 30 p 
In order to accommodate initial sag in the chain, the value of centre distance is 

reduced by 2 to 5 mm. 

11. Determine the length of the chain. 

  L = K .p         mm 
We know that the number of chain links 

𝑲 =
𝑻𝟏+𝑻𝟐

𝟐
+

𝟐𝒙

𝑷
+ [

𝑻𝟐−𝑻𝟏

𝟐𝝅
]𝟐 𝑷

𝒙
   

 

Example 21.1. Design a chain drive to actuate a compressor from 15 kW electric 

motor running at 1000 r.p.m., the compressor speed being 350 r.p.m. The minimum 

centre distance is 500 mm. The compressor operates 16 hours per day. The chain 

tension may be adjusted by shifting the motor on slides. 

 

Solution. Given : Rated power = 15 kW ; N1 = 1000 r.p.m ; N2 = 350 r.p.m. 

We know that the velocity ratio of chain drive, 

𝑽. 𝑹 =
𝑵𝟏

𝑵𝟐
=

𝟏𝟎𝟎𝟎

𝟑𝟓𝟎
= 𝟐. 𝟖𝟔 𝒔𝒂𝒚 𝟑 

From Table 21.5, we find that for the roller chain, the number of teeth on the 

smaller sprocket or pinion (T1) for a velocity ratio of 3 are 25. 
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number of teeth on the larger sprocket or gear, 

𝑻𝟐 = 𝑻𝟏.
𝑵𝟏

𝑵𝟐
= 𝟐𝟓𝒙

𝟏𝟎𝟎𝟎

𝟑𝟓𝟎
= 𝟕𝟏. 𝟓 𝒔𝒂𝒚 𝟕𝟐 

We know that the design power 

= Rated power × Service factor (K S ) 

The service factor (KS ) is the product of various factors K1, K2 and K3. The values 

of these 

factors are taken as follows: 

Load factor (K1) for variable load with heavy shock 

= 1.5 

Lubrication factor (K2) for drop lubrication 

= 1 

Rating factor (K3) for 16 hours per day 

= 1.25 

Service factor, KS = K1.K2.K3 = 1.5 × 1 × 1.25 = 1.875 

and design power = 15 × 1.875 = 28.125 kW 

From Table 21.4, we find that corresponding to a pinion speed of 1000 r.p.m. the 

power transmitted for chain No. 12 is 15.65 kW per strand. Therefore, a chain No. 

12 with two strands can be used to transmit the required power. From Table 21.1, 

we find that Pitch, p = 19.05 mm 

Roller diameter, d = 12.07 mm 

Minimum width of roller, w = 11.68 mm 

Breaking load, WB = 59 kN = 59 × 10
3
 N 

We know that pitch circle diameter of the smaller sprocket or pinion, 

𝒅𝟏 = 𝑷 𝒄𝒐𝒄𝒆𝒔 (
𝟏𝟖𝟎

𝑻𝟏
) = 𝟏𝟗. 𝟎𝟓 𝒄𝒐𝒄𝒆𝒔 (

𝟏𝟖𝟎

𝟐𝟓
) 𝒎𝒎 = 𝟏𝟗. 𝟎𝟓𝒙𝟕. 𝟗𝟖 = 𝟏𝟓𝟐𝒎𝒎

= 𝟎. 𝟏𝟓𝟐𝒎 

and pitch circle diameter of the larger sprocket or gear 

𝒅𝟐 = 𝑷𝒄𝒐𝒔𝒆𝒄 (
𝟏𝟖𝟎

𝑻𝟐
) = 𝟏𝟗. 𝟎𝟓𝒄𝒐𝒔𝒆𝒄 (

𝟏𝟖𝟎

𝟕𝟐
) 𝒎𝒎 = 𝟏𝟗. 𝟎𝟓𝒙𝟐𝟐. 𝟗 = 𝟒𝟑𝟔𝒎𝒎

= 𝟎. 𝟒𝟑𝟔𝒎 

Pitch line velocity of the smaller sprocket, 

𝑽𝟏 =
𝝅𝒅𝟏𝑵𝟏

𝟔𝟎
=

𝝅𝒙𝟎. 𝟏𝟓𝟐𝒙𝟏𝟎𝟎𝟎

𝟔𝟎
= 𝟕. 𝟗𝟔 𝒎/𝒔 

Load on the chain, 

𝑾 =
𝑹𝒂𝒕𝒆𝒅 𝒑𝒐𝒘𝒆𝒓

𝑷𝒊𝒕𝒄𝒉 𝒍𝒊𝒏𝒆 𝒗𝒆𝒍𝒐𝒄𝒊𝒕𝒚
=

𝟏𝟓

𝟕. 𝟗𝟔
= 𝟏. 𝟖𝟒𝟒 𝒌𝑵 = 𝟏𝟖𝟒𝟒𝑵 
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𝑭𝒂𝒄𝒕𝒐𝒓 𝒐𝒇 𝒔𝒂𝒇𝒆𝒕𝒚 =
𝑾𝑩

𝑾
=

𝟓𝟗𝑿𝟏𝟎𝟑

𝟏𝟖𝟒𝟒
= 𝟑𝟐 

 

This value is more than the value given in Table 21.2, which is equal to 11. 

The minimum centre distance between the smaller and larger sprockets should be 

30 to 50 times 

the pitch. Let us take it as 30 times the pitch. 

Centre distance between the sprockets, 

= 30 p = 30 × 19.05 = 572 mm 

In order to accomodate initial sag in the chain, the value of centre distance is 

reduced by 2 to 5 mm. 

Correct centre distance 

x = 572 – 4 = 568 mm 

 

𝑲 =
𝑻𝟏+𝑻𝟐

𝟐
+

𝟐𝒙

𝑷
+ [

𝑻𝟐−𝑻𝟏

𝟐𝝅
]𝟐 𝑷

𝒙
=

𝟐𝟓+𝟕𝟐

𝟐
+

𝟐𝒙𝟓𝟔𝟖

𝟏𝟗.𝟎𝟓
+ [

𝟕𝟐−𝟐𝟓

𝟐𝝅
]𝟐 𝟏𝟗.𝟎𝟓

𝟓𝟔𝟖𝒙
   

    =48.5+59.6+1.9=110    links 

Length of the chain, 

L = K.p = 110 × 19.05 = 2096 mm = 2.096 m Ans. 

Exercise 21.2 Design a roller chain to transmit power from a 20 kW motor to a 

reciprocating pump which operates with constant loading and continuous 

lubrication . The pump is to operate continuously 24 hours per day. The speed of 

the motor is 600 r.p.m. and that of the pump is 200 r.p.m. Find: 1. number of teeth 

on each sprocket; 2. pitch and width of the chain. 

Solution: 

given data: 

type of chain: roller chain 

rated power: 20 kW 

rating factor: continuously 24 hrs/day= K3= 1.5 for continues service 

N1=600 r.p.m 

N2= 200 r.p.m 

The chain drive is designed as discussed below: 

1. Firt of all, determine the velocity ratio of the chain drive 

𝑽. 𝑹 =
𝑵𝟏

𝑵𝟐
=

𝟔𝟎𝟎

𝟐𝟎𝟎
= 𝟑 

2.Select the minimum number of teeth on the smaller sprocket or pinion from table 

21.5 the number of teeth for smaller sprocket for roller chain=T1=25 

 

3. The number of teeth on the larger sprocket: 

T2= T1.N1/N2= 25x600/200=75 

 

4. To find the design power: 

Design power = Rated power x Service factor (Ks) 

Ks= K1K2K3 
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K1= const. loading=1 

K2= Lubrication factor= continuos lubrication=0.8 

K3=Rating factor=K3= Continuos service=1.5 

 Design power= 1 x 0.8 x 1.5 x 20 = 24 kW 

5. The type of chain, number of strand for the design power and r.p.m of the 

smaller sprocket from table 21.4: 

since the smaller sprocket is 600 r.p.m and the nearest number in the table is 700 

r.p.m and the power rated is 27.73 there fore the chain number is 16B 

 

6. Now noting down the following parameters from table 21.1 

P=25.4 mm 

d1=15.88 mm 

b1=17.02 mm 

 and the breaking load for simple chain type is =42.5 kN 

 and the breaking load = 126.8 kN                                answer. 

 

 Exercise 21.3 

Design a chain drive to run a blower at 600 r.p.m. The power to the blower is 

available from a 8 kW motor at 1500 r.p.m. The centre distance is to be kept at 800 

mm.(assume constant loading, drop lubrication, 16 Hrs/day) 

solution: 

given data: 

rated power=8 kW 

N1= 1500 R.P.M 

N2= 600 R.P.M 

K1=1=Constant loading 

K2=1= drop lubrication 

K3= 1.25= 16 hrs/day 

 

1- velocity ratio 

V.R= N1/N2=1500/600=2.5=3 

 

2- from table 21.5 

T1= 25 

 

3-T2=T1 . N1/N2 

 

     =25 x 1500/600=63 

 

4- design power= rated power x service factor(Ks) 

 

design power= 8 x 1x 1 x 1.25 =10 kW 

 

4-the type of chain from table 21.4 

 N1= 1500  r.p.m is nearest number to 1400 r.p.m 

the nearest number for power rating (8 kW) is 6.81 for chain type 08B 

 

5- from table 21.1 
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 P= 12.7 kW 

d1=8.51 mm 

b1= 7.75 mm 

and breaking load for simple chain = 17.8 kW 

 

7- 𝒅𝟏 = 𝑷 𝒄𝒐𝒄𝒆𝒔 (
𝟏𝟖𝟎

𝑻𝟏
) = 𝟏𝟐. 𝟕 𝒄𝒐𝒄𝒆𝒔 (

𝟏𝟖𝟎

𝟐𝟓
) = 𝟏𝟐. 𝟕 𝒙 𝒄𝒐𝒔𝒆𝒄 𝟕. 𝟐 = 𝟏𝟐. 𝟕𝒙

𝟏

𝒔𝒊𝒏 𝟕.𝟐
=

𝟏𝟎𝟎. 𝟑𝟑 𝒎𝒎 = 𝟎. 𝟏𝟎𝟑𝟑 𝒎 

𝒅𝟐 = 𝑷 𝒄𝒐𝒄𝒆𝒔 (
𝟏𝟖𝟎

𝑻𝟐
) =  𝟏𝟐. 𝟕 𝒄𝒐𝒄𝒆𝒔 (

𝟏𝟖𝟎

𝟔𝟑
)=255.02 mm= 0.255 m 

 and pitch line velocity for smaller sprocket 

𝑽𝟏 =
𝝅.𝒅𝟏.𝑵𝟏

𝟔𝟎
=

𝝅 𝒙 𝟎.𝟏𝟎𝟑𝟑 𝒙𝟏𝟓𝟎𝟎

𝟔𝟎
=8.1 m/s 

 

8- load W= rated power/pitch line velocity 

               = 8 x 1000/8.1= 987.65 N 

9- F.O.S = WB/W= 17.8 x 10
3
/ 987= 18.03  

 

10-the center distance  

  

X=30P = 30 x 12.7 =381 mm 

 to accommodate the initial sag in the chain 

  

381-4= 377 mm 

 

L=K.P 

  

𝑲 =
𝑻𝟏+𝑻𝟐

𝟐
+

𝟐𝒙

𝑷
+ [

𝑻𝟐−𝑻𝟏

𝟐𝝅
]𝟐 𝑷

𝒙
=  

𝟐𝟓+𝟔𝟑

𝟐
+

𝟐 𝒙 𝟑𝟕𝟕

𝟏𝟐.𝟕
+ [

𝟔𝟑−𝟐𝟓

𝟐𝝅
]𝟐 𝟏𝟐.𝟕

𝟑𝟕𝟕
= 

129.7=130  links 

L= 130 x 12.7 =1651 mm= 1.651 m         answer. 

 

Exercise 21.4 
A chain drive using bush roller chain transmits 5.6 kW of power. The driving shaft 

on an electric motor runs at 1440 r.p.m. and velocity ratio is 5. The centre distance 

of the drive is restricted to 550 ± 2% mm and allowable pressure on the pivot joint is 

not to exceed 10 N/mm2. The drive is required to operate continuously with periodic 

lubrication and driven machine is such that load can be regarded as fairly constant 

with jerk and impact. Design the chain drive by calculating leading dimensions, 

number of teeth on the sprocket and specify the breaking strength of the chain. 

Assume a factor of safety of 13. 

solution: 

 

given data: 

rated power= 5.6 kW 

N1=1440 r.p.m 

V.R =5 

X= 550 2% 

Pressure= 10 N/mm
2
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load factor=K1=constant load=1 

lubrication  factor=K2= periodic=1.5 

rating factor= K3= continuos service=1.5 

type of chain= roller chain 

f.o.s= 13 

1- V.R = N1/N2 

     5= 1440/N2 

N2= 288 r.p.m 

 

2- number of teeth for smaller sprocket from table 21.5 

  T1= 21 

 

3- Number of larger sprocket: 

  T2= T1.N1 / N2 

  

    = 21 x 1440/ 288 

  T2= 105 

 

4- design power= rated power x service factor(KS) 

                         = 5.6 x 1 x 1.5 x1.5= 12.6 kW 

 

5-the type of chain  from table 21.4 

 speed of smaller sprocket=1400 r.p.m 

    and nearest power 6.81 kW IS 6.81 kW 

  chain type = 08B 

 

6- now noting down the parameters from table 21.1 for chain number 08B IS 

P= 12.7 mm 

d1= 8.51 mm 

b1=7.75 mm 

 WB= 17.8 for simple chain 

 

7- the pitch circle dia. for smaller sprocket and pitch circle velocity 

   𝒅𝟏 = 𝑷 𝒄𝒐𝒄𝒆𝒔 (
𝟏𝟖𝟎

𝑻𝟏
) = 𝟏𝟐. 𝟕 𝒄𝒐𝒄𝒆𝒔 (

𝟏𝟖𝟎

𝟐𝟏
) = 𝟖𝟓. 𝟐𝟑 𝒎𝒎 = 𝟎. 𝟎𝟖𝟓𝟐 𝒎 

𝒅𝟐 = 𝑷 𝒄𝒐𝒄𝒆𝒔 (
𝟏𝟖𝟎

𝑻𝟐
) = 𝟏𝟐. 𝟕 𝒄𝒐𝒄𝒆𝒔 (

𝟏𝟖𝟎

𝟏𝟎𝟓
) = 𝟒𝟐𝟒. 𝟕𝟒𝟗 𝒎𝒎 = 𝟎. 𝟒𝟐𝟒 𝒎 

 

𝑽𝟏 =
𝝅.𝒅𝟏.𝑵𝟏

𝟔𝟎
=

𝝅.𝒙 𝟎.𝟎𝟖𝟓𝟐 𝒙 𝟏𝟒𝟒𝟎

𝟔𝟎
=6.42 m/s 

 

8-   W= rated power/ pitch line velocity 

 

       = 17.8/ 6.42= 2.77 N 

 

   WB= 13/6.42=2.02 x 10
3
 N 

 

9- f.o.s= WB/W 
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   13= 17.8/ W 

   W= WB/13= 17.8/13=1.36 kN 

 

10- X=30P 

 

        =30 x 12.7=381 mm 

381 -2=379 mm 

 

L=K.P 

 

𝑲 =
𝑻𝟏+𝑻𝟐

𝟐
+

𝟐𝒙

𝑷
+ [

𝑻𝟐−𝑻𝟏

𝟐𝝅
]𝟐 𝑷

𝒙
= 

𝟐𝟏+𝟏𝟎𝟓

𝟐
+

𝟐𝒙 𝟑𝟕𝟗

𝟏𝟐.𝟕
+ [

𝟏𝟎𝟓−𝟐𝟏

𝟐𝝅
]𝟐 𝟏𝟐.𝟕

𝟑𝟕𝟗
= 

 

 

 L=       mm=             m                             answer 
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Lecture10 

Flat Belt Drives 

Introduction 

The belts or *ropes are used to transmit power from one shaft to another by means 

of pulleys which rotate at the same speed or at different speeds. 

Objectives  
After studying this unit, the student should be able to:  

 describe the types of belts 

 calculate the strength of belts 

Types of Belt Drives 

The belt drives are usually classified into the following three groups: 

1. Light drives. These are used to transmit small powers at belt speeds up to about 

10 m/s as in agricultural machines and small machine tools. 

2. Medium drives. These are used to transmit medium powers at belt speeds over  

10 m/s but up to 22 m/s, as in machine tools. 

3. Heavy drives. These are used to transmit large powers at belt speeds above 22 m/s 

as in compressors and generators. 
Types of Belts 

1. Flat belt.   2. V- belt.  3. Circular belt or rope. 

 

 
 

 

Material used for Belts 

1. Leather belts. 

2. Cotton or fabric belts. 

3. Rubber belt. 

4. Balata belts. 
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Types of Flat Belt Drives 

1. Open belt drive. 

 

2. Crossed or twist belt drive. 
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3. Quarter turn belt drive. 

 

4. Belt drive with idler pulleys. 

 

5. Compound belt drive. 
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6. Stepped or cone pulley drive. 

 

Velocity Ratio of a Belt Drive 

It is the ratio between the velocities of the driver and the follower or driven. It may 

be expressed, mathematically, as discussed below: 

Let d1 = Diameter of the driver, 

d2 = Diameter of the follower, 

N1 = Speed of the driver in r.p.m., 

N2 = Speed of the follower in r.p.m., 

Length of the belt that passes over the driver, in one minute 

 

= d1 N1 
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Similarly, length of the belt that passes over the follower, in one minute 

= d2 N2 

Since the length of belt that passes over the driver in one minute is equal to the 

length of belt that passes over the follower in one minute, therefore 

d1 N1 = d2 N2 

and velocity ratio, 

𝑵𝟐

𝑵𝟏
=

𝒅𝟏

𝒅𝟐
   

When thickness of the belt (t) is considered, then velocity ratio, 
𝑵𝟐

𝑵𝟏
=

𝒅𝟏 + 𝒕

𝒅𝟐 + 𝒕
 

Notes : 1. The velocity ratio of a belt drive may also be obtained as discussed below: 

We know that the peripheral velocity of the belt on the driving pulley, 

𝑽𝟏 =
𝝅𝒅𝟏𝒏𝟏

𝟔𝟎
   m/s 

and peripheral velocity of the belt on the driven pulley, 

𝑽𝟐 =
𝝅𝒅𝟐𝒏𝟐

𝟔𝟎
  

 

When there is no slip, then  V1=V2 
𝝅𝒅𝟏𝒏𝟏

𝟔𝟎
 = 

𝝅𝒅𝟐𝒏𝟐

𝟔𝟎
   

2. In case of a compound belt drive as shown in Fig. 18.7, the velocity ratio is given 

by: 

𝑵𝟒

𝑵𝟏
=

𝒅𝟏𝒅𝟑

𝒅𝟐𝒅𝟒
 

𝐬𝐩𝐞𝐞𝐝 𝐨𝐟 𝐥𝐚𝐬𝐭 𝐝𝐫𝐢𝐯𝐞𝐧

𝐬𝐩𝐞𝐞𝐝 𝐨𝐟 𝐟𝐢𝐫𝐬𝐭 𝐝𝐫𝐢𝐯𝐞𝐧
=

𝐏𝐫𝐨𝐝𝐮𝐜𝐭 𝐨𝐟 𝐝𝐢𝐚𝐦𝐞𝐭𝐞𝐫𝐬 𝐨𝐟 𝐝𝐫𝐢𝐯𝐞𝐫𝐬

𝐏𝐫𝐨𝐝𝐮𝐜𝐭 𝐨𝐟 𝐝𝐢𝐚𝐦𝐞𝐭𝐞𝐫𝐬 𝐨𝐟 𝐝𝐫𝐢𝐯𝐞𝐧𝐬
 

 
Slip of the Belt 
In  sometimes, the frictional grip becomes insufficient of belts and pulleys. This 

may cause some forward motion of the driver without carrying the belt with it. This 

is called slip of the belt and is generally expressed as a percentage. The result of the 

belt slipping is to reduce the velocity ratio of the system. 

Let                 S1 % = Slip between the driver and the belt, and 

                     S2 % = Slip between the belt and follower, 
𝑵𝟐

𝑵𝟏
=

𝒅𝟏

𝒅𝟐
(𝟏 −

𝑺

𝟏𝟎𝟎
) 

If thickness of the belt (t) is considered, then 
𝑵𝟐

𝑵𝟏
=

𝒅𝟏 + 𝒕

𝒅𝟐 + 𝒕
(𝟏 −

𝑺

𝟏𝟎𝟎
) 

 

Example 18.1. An engine running at 150 r.p.m. drives a line shaft by means of a 

belt. The engine pulley is 750 mm diameter and the pulley on the line shaft is 450 

mm. A 900 mm diameter pulley on the line shaft drives a 150 mm diameter pulley 
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keyed to a dynamo shaft. Find the speed of dynamo shaft, when 1. there is no slip, 

and 2. there is a slip of 2% at each drive. 

 

Solution. Given : N1 = 150 r.p.m. ; d1 = 750 mm ; d2 = 450 mm ; d3 = 900 mm ; 

d4 = 150 mm ; s1 = s2 = 2%. The arrangement of belt drive is shown in Fig. 

 

 
 

Let N4 = Speed of the dynamo shaft. 

1. When there is no slip 

We know that: 

𝑵𝟒

𝑵𝟏
=

𝒅𝟏𝒅𝟑

𝒅𝟐𝒅𝟒
 

𝑵𝟒

𝟏𝟓𝟎
=

𝟕𝟓𝟎𝒙𝟗𝟎𝟎

𝟒𝟓𝟎𝒙𝟏𝟓𝟎
= 𝟏𝟎 

N4=150X10=1500  r.p.m 

2. When there is a slip of 2% at each drive 

𝑵𝟒

𝑵𝟏
=

𝒅𝟏 ∗ 𝒅𝟑

𝒅𝟐 ∗ 𝒅𝟒
(𝟏 −

𝑺𝟏

𝟏𝟎𝟎
) (𝟏 −

𝑺𝟐

𝟏𝟎𝟎
) 

𝑵𝟒

𝟏𝟓𝟎
=

𝟕𝟓𝟎 ∗ 𝟗𝟎𝟎

𝟒𝟓𝟎 ∗ 𝟏𝟓𝟎
(𝟏 −

𝟐

𝟏𝟎𝟎
) (𝟏 −

𝟐

𝟏𝟎𝟎
) 

N4=9.6x150=1440 r.p.m                Ans. 

Length of an Open Belt Drive 
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Let r1 and r2 = Radii of the larger and smaller pulleys, 

x = Distance between the centers of two pulleys (i.e. O1O2), and 

L = Total length of the belt. 

𝑳 = 𝝅(𝒓𝟏 + 𝒓𝟐) + 𝟐𝒙 +
(𝒓𝟏−𝒓𝟐)𝟐

𝒙
 in terms of pulley radii 

𝑳 =
𝝅

𝟐
(𝒅𝟏 + 𝒅𝟐) + 𝟐𝒙 +

(𝒅𝟏−𝒅𝟐)𝟐

𝟒𝒙
 𝒊𝒏 𝒕𝒆𝒓𝒎 𝒔 𝒐𝒇 𝒑𝒖𝒍𝒍𝒆𝒚  𝒅𝒊𝒂𝒎𝒆𝒕𝒆𝒓   

 

 

Length of a Cross Belt Drive 

𝑳 = 𝝅(𝒓𝟏 + 𝒓𝟐) + 𝟐𝒙 +
(𝒓𝟏+𝒓𝟐)𝟐

𝒙
   in terms of pulley radii 

𝑳 =
𝝅

𝟐
(𝒅𝟏 + 𝒅𝟐) + 𝟐𝒙 +

(𝒅𝟏+𝒅𝟐)𝟐

𝟒𝒙
 𝒊𝒏 𝒕𝒆𝒓𝒎 𝒔 𝒐𝒇 𝒑𝒖𝒍𝒍𝒆𝒚  𝒅𝒊𝒂𝒎𝒆𝒕𝒆𝒓   

 

Power Transmitted by a Belt 
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Let T1 and T2 = Tensions in the tight side and slack side of the belt respectively in 

Newton's, r1 and r2 = Radii of the driving and driven pulleys respectively in meters, 

and = Velocity of the belt in m/s. The effective turning (driving) force at the 

circumference of the driven pulley or follower is the difference between the two 

tensions (i.e. T1 – T2). 

Work done per second = (T1 – T2) N-m/s 

and power transmitted = (T1 – T2) W               ... (1 N-m/s = 1W) 

A little consideration will show that torque exerted on the driving pulley is  

(T1 – T2) r1. 

Similarly, the torque exerted on the driven pulley is  

(T1 – T2) r2. 
 

 

 

 

 

 

 

 

 

 

 

 

 

Ratio of Driving Tensions for Flat Belt Drive 

Consider a driven pulley rotating in the clockwise direction as shown in Fig. below. 
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Let T1 = Tension in the belt on the tight side, 

T2 = Tension in the belt on the slack side, and 

= Angle of contact in radians (i.e. angle subtended by the arc AB, along which 

the belt touches the pulley, at the centre). 

Now consider a small portion of the belt PQ, subtending an angle at the centre 

of the pulley as shown in Fig. 18.16. The belt PQ is in equilibrium under the 

following forces: 

1. Tension T in the belt at P, 

2. Tension (T + T) in the belt at Q, 

3. Normal reaction RN, and 

4. Frictional force F = μ× RN, where μis the coefficient of friction between the 

belt 

and pulley. 

𝟐. 𝟑 𝒍𝒐𝒈 (
𝑻𝟏

𝑻𝟐
) = 𝝁𝜽  

Notes : 1. While determining the angle of contact, it must be remembered that it is 

the angle of contact at the smaller pulley, if both the pulleys are of the same 

material. We know that 

𝒔𝒊𝒏𝜶 =
𝒓𝟏−𝒓𝟐

𝒙
                                                       for open belt drive 

𝒔𝒊𝒏𝜶 =
𝒓𝟏+𝒓𝟐

𝒙
                                                                      for cross-belt drive     

𝜽 = (𝟏𝟖𝟎𝒐 − 𝟐𝜶)
𝝅

𝟏𝟖𝟎
  rad                               for open belt drive                 

 

𝜽 = (𝟏𝟖𝟎𝒐 + 𝟐𝜶)
𝝅

𝟏𝟖𝟎
   rad                          for cross-belt drive     

  2. When the pulleys are made of different material (i.e. when the coefficient of 

friction of the pulleys or the angle of contact are different), then the design will 

refer to the pulley for which μ.is small. 

Example 18.2. Two pulleys, one 450 mm diameter and the other 200 mm diameter, 

on parallel shafts 1.95 m apart are connected by a crossed belt. Find the length of 

the belt required and the angle of contact between the belt and each pulley. 
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What power can be transmitted by the belt when the larger pulley rotates at 200 

rev/min, if the maximum permissible tension in the belt is 1 kN, and the coefficient 

of friction between the belt and pulley is 0.25? 

Solution. 

Solution. Given : d1 = 450 mm = 0.45 m or r1 = 0.225 m ; d2 = 200 mm = 0.2 m or 

r2 = 0.1 m ; x = 1.95 m ; N1 = 200 r.p.m. ; T1 = 1 kN = 1000 N ; μ= 0.25 

The arrangement of crossed belt drive is shown in Fig.  

 
 

Length of the belt 

We know that length of the belt , 𝑳 = 𝝅(𝒓𝟏 + 𝒓𝟐) + 𝟐𝒙 +
(𝒓𝟏+𝒓𝟐)𝟐

𝒙
 

𝑳 = 𝝅(𝟎. 𝟐𝟐𝟓 + 𝟎. 𝟏) + 𝟐𝒙𝟏. 𝟗𝟓 +
(𝟎.𝟐𝟐𝟓+𝟎.𝟏)𝟐

𝟏.𝟗𝟓
 =4.974 m      ans. 

Angle of contact between the belt and each pulley 

Let = Angle of contact between the belt and each pulley. 

We know that for a crossed belt drive, 

𝒔𝒊𝒏𝜶 =
𝒓𝟏 + 𝒓𝟐

𝒙
 

𝒔𝒊𝒏𝜶 =
𝟎.𝟐𝟐𝟓+𝟎.𝟏

𝟏.𝟗𝟓
= 𝟗. 𝟔𝒐  

𝜽 = (𝟏𝟖𝟎𝒐 + 𝟐𝜶)
𝝅

𝟏𝟖𝟎
    

𝜽 = (𝟏𝟖𝟎𝒐 + 𝟐𝒙𝟗. 𝟔)=199.2
o
 

    =199.2x/180=3.477 

Power transmitted 

Let T1 = Tension in the tight side of the belt, and 

T2 = Tension in the slack side of the belt. 

𝟐. 𝟑 𝒍𝒐𝒈 (
𝑻𝟏

𝑻𝟐
) = 𝝁𝜽 = 𝟎. 𝟐𝟓𝒙𝟑. 𝟒𝟕𝟕 = 𝟎. 𝟖𝟔𝟗𝟑 

𝒍𝒐𝒈 (
𝑻𝟏

𝑻𝟐
) =

𝟎.𝟖𝟔𝟗𝟑

𝟐.𝟑
= 𝟎. 𝟑𝟕𝟖       or T1/T2=2.387      (taking antilog of 0.378) 
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𝑻𝟐 =
𝑻𝟏

𝟐.𝟑𝟖𝟕
=

𝟏𝟎𝟎𝟎

𝟐.𝟑𝟖𝟕
= 𝟒𝟏𝟗 𝑵  

We know that the velocity of belt, 

𝑽𝟏 =
𝝅𝒅𝟏𝒏𝟏

𝟔𝟎
=

𝝅𝒙𝟎.𝟒𝟓𝒙𝟐𝟎𝟎

𝟔𝟎
= 𝟒. 𝟕𝟏𝟑 𝒎/𝒔    

P= (T1 – T2)= (1000-419)4.713=2738 W=2.738 kW              Ans. 

Example 8.2 

A fan is belt driven by an electric motor running at 1500 rpm. The pulley diameters 

for the fan and motor are 500 and 355mm, respectively. A flat belt has been selected 

with a width of 100mm, thickness of 3.5mm, coefficient of friction of 0.8, density of 

1100 kg/m3 and permissible stress of 11MN/m2.The centre distance is 1500mm. 

Determine the power capacity of the belt. 

Solution 

The arcs of contact for the driving and driven pulleys are: 
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Answer 
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Lecture11 

Sliding Contact Bearings 

A bearing is a machine element which support another moving machine element 

(known as journal). It permits a relative motion between the contact surfaces of the 

members, while carrying the load. A little consideration will show that due to the 

relative motion between the contact surfaces, a certain amount of power is wasted 

in overcoming frictional resistance and if the rubbing surfaces are in direct contact, 

there will be rapid wear. In order to reduce frictional resistance and wear and in 

some cases to carry away the heat generated, a layer of fluid (known as lubricant) 

may be provided. 

Objectives  
After studying this unit, you should be able to  

 describe the types of sliding contact bearings 

 calculate the design procedure of sliding contact bearings 

Classification of Bearings 
1. Depending upon the direction of load to be supported. The bearings under this 

group are classified as: 

(a) Radial bearings, and (b) Thrust bearings. 

In radial bearings, the load acts perpendicular to the direction of motion of the 

moving element as shown in Fig. 26.1 (a) and (b). 

In thrust bearings, the load acts along the axis of rotation as shown in Fig. 26.1 (c). 

Note : These bearings may move in either of the directions as shown in Fig. 26.1. 

 
 

2. Depending upon the nature of contact.  

The bearings under this group are classified as : 

(a) Sliding contact bearings, and (b) Rolling contact bearings. 

In sliding contact bearings, as shown in Fig. 26.2 (a), the sliding takes place along 

the surfaces of contact between the moving element and the fixed element. The 

sliding contact bearings are also known as plain bearings. 
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In rolling contact bearings, as shown in Fig. 26.2 (b), the steel balls or rollers, are 

interposed between the moving and fixed elements. The balls offer rolling friction at 

two points for each ball or roller. 

Types of Sliding Contact Bearings 
The sliding contact bearings in which the sliding action is guided in a straight line 

and carrying radial loads, as shown in Fig. 26.1 (a), may be called slipper or guide 

bearings. Such type of bearings are usually found in cross-head of steam engines. 

 
1. Thick film bearings. The thick film bearings are those in which the working 

surfaces are completely separated from each other by the lubricant. Such type of 

bearings are also called as hydrodynamic lubricated bearings. 

2. Thin film bearings. The thin film bearings are those in which, although lubricant 

is present, the working surfaces partially contact each other at least part of the time. 

Such type of bearings are also called boundary lubricated bearings. 

3. Zero film bearings. The zero film bearings are those which operate without any 

lubricant present. 

4. Hydrostatic or externally pressurized lubricated bearings. The hydrostatic 

bearings are those which can support steady loads without any relative motion 

between the journal and the bearing. This is achieved by forcing externally 

pressurized lubricant between the members. 
Wedge Film Journal Bearings 

The load carrying ability of a wedge-film journal bearing results when the journal 

and/or the bearing rotates relative to the load. The most common case is that of a 

steady load, a fixed (no rotating) bearing and a rotating journal. 
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 Properties of Sliding Contact Bearing Materials 

 

Lubricants 

The lubricants are used in bearings to reduce friction between the rubbing surfaces 

and to carry away the heat generated by friction. It also protects the bearing against 

corrosion. All lubricants are classified into the following three groups : 

1. Liquid, 2. Semi-liquid, and 3. Solid. 
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Design Procedure for Journal Bearing 

The following procedure may be adopted in designing journal bearings, when the 

bearing load, the diameter and the speed of the shaft are known. 

1. Determine the bearing length by choosing a ratio of l / d from Table 20 
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2. Check the bearing pressure, p = W / l.d from Table 20 for probable 

satisfactory value. 

3. Assume a lubricant from Table 21 and its operating temperature (t0). This 

temperature should be between 26.5°C and 60°C with 82°C as a maximum high 

temperature installations such as steam turbines.  

 
4. Determine the operating value of ZN / p for the assumed bearing temperature 

and check this value with corresponding values in Table 26.3, to determine the 

possibility of maintaining fluid film operation. 

5. Assume a clearance ratio c / d from Table 20. 

Diametral clearance ratio. It is the ratio of the diametral clearance to the 

diameter of the journal. Mathematically, diametral clearance ratio 

=
𝒄

𝒅
=

𝑫−𝒅

𝒅
 

6. Determine the coefficient of friction (μ) . 

In order to determine the coefficient of friction for well lubricated full journal 

bearings, the following empirical relation established by McKee based on the 

experimental data, may be used. 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝒁𝑵

𝑷
) (

𝒅

𝑪
) + 𝑲 

... (when Z is in kg / m-s and p is in N / mm
2
) 

where Z, N, p, d and c have usual meanings as discussed in previous article, and 

k = Factor to correct for end leakage. It depends upon the ratio of length 

to the diameter of the bearing (i.e. l / d). 

= 0.002 for l / d ratios of 0.75 to 2.8. 

The operating values of ZN / p should be compared with values given in Table 26.3 

to ensure safe margin between operating conditions and the point of film break 

down. 

7. Determine the heat generated by using the relation as : 

The heat generated in a bearing is due to the fluid friction and friction of the parts 

having 

relative motion. Mathematically, heat generated in a bearing, 

Qg = μ.W.V          N-m/s or J/s or watts ...(i) 

where μ= Coefficient of friction, 

W = Load on the bearing in N, 
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= Pressure on the bearing in N/mm

2
 × Projected area of the bearing 

in mm
2
 = p (l × d), 

V = Rubbing velocity in m/s = 𝑽 =
𝝅.𝑫.𝑵

𝟔𝟎
 

where , d: diameter  is in metres, and 

N = Speed of the journal in r.p.m. 

8. Determine the heat dissipated by using the relation as  

 

Heat dissipated by the bearing, 

Qd = C.A (tb – ta)                 J/s or W ... (Q 1 J/s = 1 W) ...(ii) 

where 

 C = Heat dissipation coefficient in W/m2/°C, 

A = Projected area of the bearing in m2 = l × d, 

tb = Temperature of the bearing surface in °C, and 

ta = Temperature of the surrounding air in °C. 

The value of C have been determined experimentally by O. Lasche. The values 

depend upon the type of bearing, its ventilation and the temperature difference. The 

average values of C (in W/m
2
/°C), for journal bearings may be taken as follows : 

For unventilated bearings (Still air) 

= 140 to 420 W/m
2
/°C 

For well ventilated bearings 

= 490 to 1400 W/m
2
/°C 

It has been shown by experiments that the temperature of the bearing (tb) is 

approximately mid-way between the temperature of the oil film (t0) and the 

temperature of the outside air (ta). In other words, 

tb – ta =
𝟏

𝟐
(𝒕𝒐 − 𝒕𝒂) 

Notes : 1. For well designed bearing, the temperature of the oil film should not be 

more than 60°C, otherwise the viscosity of the oil decreases rapidly and the 

operation of the bearing is found to suffer. The temperature of the oil film is often 

called as the operating temperature of the bearing. 

2. In case the temperature of the oil film is higher, then the bearing is cooled by 

circulating water through coils built in the bearing. 

3. The mass of the oil to remove the heat generated at the bearing may be obtained 

by equating the heat 

generated to the heat taken away by the oil. We know that the heat taken away by 

the oil, 

Qt = m.S.t          J/s or watts 

where 

 m = Mass of the oil in kg / s, 

S = Specific heat of the oil. Its value may be taken as 1840 to 2100 J / kg / °C, 

t = Difference between outlet and inlet temperature of the oil in °C. 

9. Determine the thermal equilibrium to see that the heat dissipated becomes at 

least equal to the heat generated. In case the heat generated is more than the heat 

dissipated then either the bearing is redesigned or it is artificially cooled by 

water. 

Example 26.1. Design a journal bearing for a centrifugal pump from the following 

data : 
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Load on the journal = 20 000 N; Speed of the journal = 900 r.p.m.; diameter of 

journal 100 mm, Type of oil is SAE 10, for which the absolute viscosity at 55°C = 

0.017 kg / m-s; Ambient temperature of oil = 15.5°C ; Maximum bearing pressure 

for the pump = 1.5 N / mm
2
. 

 

Solution. Given : W = 20 000 N ; N = 900 r.p.m. ; t0 = 55°C ; Z = 0.017 kg/m-s  

; ta = 15.5°C ; d=100 mm ,p = 1.5 N/mm2 ; t = 10°C ; C = 1232 W/m2/°C 

The journal bearing is designed as discussed in the following steps : 

1. First of all, let us find the length of the journal ( l ). From Table 26.3, we find 

that the ratio of l / d for centrifugal pumps varies from 1 to 2. 

Let us take l / d = 1.6. 

l = 1.6 d = 1.6 × 100 = 160 mm Ans. 

2. We know that bearing pressure, 

𝑷 =
𝒘

𝒍.𝒅
=

𝟐𝟎 𝟎𝟎𝟎

𝟏𝟔𝟎𝒙𝟏𝟎𝟎
= 𝟏. 𝟐𝟓  N/mm

2 

 

Since the given bearing pressure for the pump is 1.5 N/mm
2
, therefore the above 

value of p is safe and hence the dimensions of l and d are safe. 

3.   
𝒁𝑵

𝑷
=

𝟎.𝟎𝟏𝟕𝑿𝟗𝟎𝟎

𝟏.𝟐𝟓
= 𝟏𝟐. 𝟐𝟒 

 

From Table 26.3, we find that the operating value of 
𝒁𝑵

𝒑
= 𝟐𝟖 

the minimum value of the bearing modulus at which the oil film will break is given 

by: 

𝒌 =
𝟏

𝟑
(

𝒁𝑵

𝑷
) =

𝟏

𝟑
𝒙𝟐𝟖 = 𝟗. 𝟑𝟑 

Since the calculated value of bearing characteristic number
𝒁𝑵

𝒑
= 𝟏𝟐. 𝟐𝟒 is more 

than 9.33 therefore the bearing will operate under hydrodynamic conditions. 

4. From Table 26.3, we find that for centrifugal pumps, the clearance ratio  

(c/d) = 0.0013 

5. We know that coefficient of friction, 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝒁𝑵

𝑷
) (

𝒅

𝑪
) + 𝑲 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(𝟏𝟐. 𝟐𝟒) (

𝟏

𝟎.𝟎𝟎𝟏𝟑
) + 𝟎. 𝟎𝟎𝟐=0.0051 

 

6. Heat generated 

 

Qg = μ.W.V=  𝝁. 𝒘.
𝝅.𝑫.𝑵

𝟔𝟎
=  0.0051𝑥20000 (

𝝅𝒙𝟎.𝟏𝒙𝟗𝟎𝟎

𝟔𝟎
) = 𝟒𝟖𝟎. 𝟕 𝑾 

7. Heat dissipated 

 Qd = C.A (tb – ta) = C.l.d (tb – ta)  

tb-ta=1/2(to-ta)=1/2(55
o
-15.5

o
)=19.75

o
C 
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Qd=1232x0.1x19.75=389.3 W 

   We see that the heat generated is greater than the heat dissipated which indicates 

that the bearing is warming up. Therefore, either the bearing should be redesigned 

by taking t0 = 63°C or the bearing should be cooled artificially. 

 We know that the amount of artificial cooling required 

            

= Heat generated – Heat dissipated =Qg-Qd=480.7-389.3=91.4 W 

Mass of lubricating oil required for artificial cooling 

Let m = Mass of the lubricating oil required for artificial cooling in kg / s. 

We know that the heat taken away by the oil, 

Qt= m.s.t=m.x1900x10=19000m    W 

... [Q Specific heat of oil (S) = 1840 to 2100 J/kg/°C] 

Equating this to the amount of artificial cooling required, we have 

19 000 m = 91.4 

m = 91.4 / 19 000 = 0.0048 kg / s = 0.288 kg / min Ans. 

Example 26.2. The load on the journal bearing is 150 kN due to turbine shaft of 

300 mm diameter running at 1800 r.p.m. Determine the following: 

1. Length of the bearing if the allowable bearing pressure is 1.6 N/mm
2
, and 

2. Amount of heat to be removed by the 

lubricant per minute if the bearing temperature is 60°C and viscosity of the oil at 

60°C is 0.02 kg/m-s and the bearing clearance is 0.25 mm. 

Solution. Given : W = 150 kN = 150 × 103 N ; 

d = 300 mm = 0.3 m ; N = 1800 r.p.m. ; 

p = 1.6 N/mm
2 

; Z = 0.02 kg / m-s ; c = 0.25 mm 

1. Length of the bearing 

Let l = Length of the bearing in mm. 

We know that projected bearing area, 

A = l × d = l × 300 = 300 l mm
2
 

and allowable bearing pressure ( p), 

1.6=W/A= 150x10
3
/300l=500/l 

l = 500/1.6 = 312.5 mm Ans. 

2. Amount of heat to be removed by the lubricant 

We know that coefficient of friction for the bearing, 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝒁𝑵

𝑷
) (

𝒅

𝑪
) + 𝑲 

 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝟎. 𝟎𝟐𝒙𝟏𝟖𝟎𝟎

𝟏. 𝟔
) (

𝟑𝟎𝟎

𝟎. 𝟐𝟓
) + 𝟎. 𝟎𝟎𝟐 
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=0.009+0.002=0.011 

𝑽 =
𝝅.𝑫.𝑵

𝟔𝟎
=

𝝅𝒙𝟎.𝟑𝒙𝟏𝟖𝟎𝟎

𝟔𝟎
= 28.3 m/s 

Amount of heat to be removed by the lubricant, 

Qg = μ.W.V = 0.011 × 150 × 103 × 28.3 = 46 695 J/s or W 

= 46.695 kW Ans. 

Example 26.3. A full journal bearing of 50 mm diameter and 100 mm long has a 

bearing pressure of 1.4 N/mm2. The speed of the journal is 900 r.p.m. and the ratio 

of journal diameter to the diametral clearance is 1000. The bearing is lubricated 

with oil whose absolute viscosity at the operating temperature of 75°C may be taken 

as 0.011 kg/m-s. The room temperature is 35°C. Find : 

1. The amount of artificial cooling required, and 2. The mass of the lubricating oil 

required, if the difference between the outlet and inlet temperature of the oil is 

10°C. Take specific heat of the oil as 1850 J / kg / °C. 

Solution. Given : d = 50 mm = 0.05 m ; l = 100 mm = 0.1 m; p = 1.4 N/mm2 ; N = 

900 r.p.m. ; d / c = 1000 ; Z = 0.011 kg / m-s ; t0 = 75°C ; ta = 35°C ; t = 10°C ; S = 

1850 J/kg / °C 

1. Amount of artificial cooling required 

We know that the coefficient of friction, 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝒁𝑵

𝑷
) (

𝒅

𝑪
) + 𝑲 =

𝟑𝟑

𝟏𝟎𝟖
(

𝟎. 𝟎𝟏𝟏𝒙𝟗𝟎𝟎

𝟏. 𝟒
) (𝟏𝟎𝟎𝟎) + 𝟎. 𝟎𝟎𝟐 

 

= 0.002 33 + 0.002 = 0.004 33 

 

Load on the bearing, 

 

W = p × d.l = 1.4 × 50 × 100 = 7000 N 

 

and rubbing velocity, 

 

𝑽 =
𝝅.𝑫.𝑵

𝟔𝟎
 =

𝝅𝒙𝟎.𝟎𝟓𝒙𝟗𝟎𝟎

𝟔𝟎
= 2.36 m/s 

Heat generated, 

Qg = μ.W.V = 0.004 33 × 7000 × 2.36 = 71.5 J/s 

Let tb = Temperature of the bearing surface. 

 

We know that 

 

tb – ta =
𝟏

𝟐
(𝒕𝒐 − 𝒕𝒂)= 

𝟏

𝟐
(𝟕𝟓 − 𝟑𝟓)= 20

o
C 

 

Since the value of heat dissipation coefficient (C ) for unventilated bearing varies 

from 140 to 420 W/m2/°C, therefore let us take C = 280 W/m2 /° C 

We know that heat dissipated, 

Qd = C.A (tb – ta ) = C.l.d (tb – ta) 
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= 280 × 0.05 × 0.1 × 20 = 28 W = 28 J/s 

 

Amount of artificial cooling required 

= Heat generated – Heat dissipated = Qg – Qd 

= 71.5 – 28 = 43.5 J/s or W Ans. 

 

2. Mass of the lubricating oil required 

Let m = Mass of the lubricating oil required in kg / s. 

We know that heat taken away by the oil, 

Qt = m.S.t = m × 1850 × 10 = 18 500 m J/s 

Since the heat generated at the bearing is taken away by the lubricating oil, 

therefore equating 

Qg = Qt or 71.5 = 18 500 m 

m = 71.5 / 18 500 = 0.003 86 kg / s = 0.23 kg / min Ans. 

 

Example 26.4. A 150 mm diameter shaft supporting a load of 10 kN has a speed of 

1500 r.p.m. The shaft runs in a bearing whose length is 1.5 times the shaft 

diameter. If the diametral clearance of the bearing is 0.15 mm and the absolute 

viscosity of the oil at the operating temperature is 0.011 kg/m-s, find the power 

wasted in friction. 

Solution. Given : d = 150 mm = 0.15 m ; W = 10 kN = 10 000 N ; N = 1500 r.p.m. ; l 

= 1.5 d ; c = 0.15 mm ; Z = 0.011 kg/m-s 

We know that length of bearing, 

l = 1.5 d = 1.5 × 150 = 225 mm 

Bearing pressure, 

P=W/A= 

=W/L.d 

=10 000/225x150 

=0.296     N/mm
2
 

 

We know that coefficient of friction, 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝒁𝑵

𝑷
) (

𝒅

𝑪
) + 𝑲 

 

𝝁 =
𝟑𝟑

𝟏𝟎𝟖
(

𝟎. 𝟎𝟏𝟏𝒙𝟏𝟓𝟎𝟎

𝟎. 𝟐𝟗𝟔
) (

𝟏𝟓𝟎

𝟎. 𝟏𝟓
) + 𝟎. 𝟎𝟎𝟐 

 

=0.018+0.002=0.002 

 

𝑽 =
𝝅. 𝑫. 𝑵

𝟔𝟎
 

 

𝑽 =
𝝅. 𝒙𝟎. 𝟏𝟓𝒙𝟏𝟓𝟎𝟎

𝟔𝟎
 

 

=11.78  m/s 

 

We know that heat generated due to friction, 
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Qg = μW.V = 0.02 × 10 000 × 11.78 = 2356 W 

Power wasted in friction
= Qg = 2356 W = 2.356 kW Ans. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 
 
 

MACHINE DESIGN                                                     NAWZAD J.MAHMOOD 

161 
 

Lecture 12 

Rolling Contact Bearings 

Introduction 

In rolling contact bearings, the contact between the bearing surfaces is rolling 

instead of sliding as in sliding contact bearings. We have already discussed that the 

ordinary sliding bearing starts from rest with practically metal-to-metal contact and 

has a high coefficient of friction. It is an outstanding advantage of a rolling contact 

bearing over a sliding bearing that it has a low starting friction. Due to this low 

friction offered by rolling contact bearings, these are called antifriction bearings. 

Objectives  
After studying this unit, you should be able to  

 describe the types of rolling bearings 

 calculate the design procedure of rolling  bearings 

 
Types of Rolling Contact Bearings 

Following are the two types of rolling contact bearings: 

1. Ball bearings; and 2. Roller bearings. 

 

 
Types of Radial Ball Bearings 

 

 

Standard Dimensions and Designations of Ball Bearings 

The dimensions that have been standardized on an international basis are shown in 

Fig. 27.4. These dimensions are a function of the bearing bore and the series of 
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bearing. The standard dimensions are given in millimeters. There is no standard for 

the size and number of steel balls. 

 

 

 
The bearings are designated by a number. In general, the number consists of atleast 

three digits. Additional digits or letters are used to indicate special features e.g. deep 

groove, filling notch etc. The last three digits give the series and the bore of the 

bearing. The last two digits from 04 onwards, when multiplied by 5, give the bore 

diameter in millimetres. The third from the last digit designates the series of the 

bearing. The most common ball bearings are available in four series as follows : 

1. Extra light (100), 2. Light (200), 

3. Medium (300), 4. Heavy (400) 

Notes : 1. If a bearing is designated by the number 305, it means that the 

bearing is of medium series whose bore is 05 × 5, i.e., 25 mm. 

2. The extra light and light series are used where the loads are 

moderate and shaft sizes are comparatively large and also where available 

space is limited. 

3. The medium series has a capacity 30 to 40 per cent over the light series. 

4. The heavy series has 20 to 30 per cent capacity over the medium series. This 

series is not used extensively in industrial applications. 

 
Static Equivalent Load for Rolling Contact Bearings 

The static equivalent load may be defined as the static radial load (in case of radial 

ball or roller bearings) or axial load (in case of thrust ball or roller bearings) 

which, if applied, would cause the same total permanent deformation at the most 

heavily stressed ball (or roller) and race contact as that which occurs under the 

actual conditions of loading. 

1. W0R = X0.WR + Y0.WA ; and 2. W0R = WR 
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where : 

WR = Radial load, 

WA = Axial or thrust load, 

X0 = Radial load factor, and 

Y0 = Axial or thrust load factor. 

According to IS : 3824 – 1984, the values of X0 and Y0 for different bearings are 

given in the 

following table : 

 
Notes : 1. The static equivalent radial load (W0R) is always greater than or equal to 

the radial load (WR). 

2. For two similar single row angular contact ball bearings, mounted ‘face-to-face’ 

or ‘back-to-back’, use 

the values of X0 and Y0 which apply to a double row angular contact ball bearings. 

For two or more similar single 

row angular contact ball bearings mounted ‘in tandem’, use the values of X0 and 

Y0 which apply to a single row 

angular contact ball bearings. 

3. The static equivalent radial load (W0R) for all cylindrical roller bearings is equal 

to the radial load (WR). 

4. The static equivalent axial or thrust load (W0A) for thrust ball or roller bearings 

with angle of contact 

90º, under combined radial and axial loads is given by 

W0A = 2.3 WR.tan + WA 

This formula is valid for all ratios of radial to axial load in the case of direction 

bearings. For single 

direction bearings, it is valid where WR / WA 0.44 cot . 

5. The thrust ball or roller bearings with = 90º can support axial loads only. The 

static equivalent axial 

load for this type of bearing is given by 

W0A = WA 
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Dynamic Equivalent Load for Rolling Contact Bearings 

The dynamic equivalent load may be defined as the constant stationary radial load 

(in case of radial ball or roller bearings) or axial load (in case of thrust ball or 

roller bearings) which, if applied to a bearing with rotating inner ring and 

stationary outer ring, would give the same life as that which the bearing will attain 

under the actual conditions of load and rotation. 

The dynamic equivalent radial load (W ) for radial and angular contact bearings, 

except the filling slot types, under combined constant radial load (WR) and constant 

axial or thrust load (WA) is given by 

W = X . V. WR + Y . WA 

where V = A rotation factor, 

= 1, for all types of bearings when the inner race is rotating, 

= 1, for self-aligning bearings when inner race is stationary, 

= 1.2, for all types of bearings except self-aligning, when inner race is 

stationary. The values of radial load factor (X ) and axial or thrust load factor (Y ) 

for the dynamically loaded bearings may be taken from the following table: 
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Dynamic Load Rating for Rolling Contact Bearings under Variable Loads 

The approximate rating (or service) life of ball or roller bearings is based on the 

fundamental equation, 

𝑳 = (
𝑪

𝑾
)𝑲𝒙𝟏𝟎𝟔  revolutions 

 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔
)

𝟏

𝑲      kN 

where L = Rating life, 

C = Basic dynamic load rating, 

W = Equivalent dynamic load, 

and 
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k = 3, for ball bearings, 

= 10/3, for roller bearings. 

The relationship between the life in revolutions (L) and 

the life in working hours (LH) is given by 

L = 60 N . LH revolutions 

where N is the speed in r.p.m. 

Now consider a rolling contact bearing subjected to variable loads. Let W1, W2, W3 

etc., be the loads on the bearing for successive n1, n2, n3 etc., number of revolutions 

respectively. 

𝑾 = [
𝑳𝟏(𝑾𝟏)𝟑 + 𝑳𝟐(𝑾𝟐)𝟑 + 𝑳𝟑(𝑾𝟑)𝟑

𝑳𝟏 + 𝑳𝟐 + 𝑳𝟑 + ⋯
]

𝟏
𝟑

 

 

Reliability of a Bearing 

The reliability (R) is defined as the ratio of the number of bearings which have 

successfully completed L million revolutions to the total number of bearings under 

test. Sometimes, it becomes necessary to select a bearing having a reliability of more 

than 90%. According to Wiebull, the relation between the bearing life and the 

reliability is given as 

 

𝑳

𝑳𝟗𝟎
= [

𝒍𝒐𝒈𝒆(𝟏
𝑹⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝑹𝑶

⁄ )
]

𝟏

𝒃

                where ,b=1.117 

 

This expression is used for selecting the bearing when the reliability is other than 

90%. 

Example.1. A shaft rotating at constant speed is subjected to variable load. The 

bearings supporting the shaft are subjected to stationary equivalent radial load of  

3 kN for 10 per cent of time, 2 kN for 20 per cent of time, 1 kN for 30 per cent of 

time and no load for remaining time of cycle. If the total life expected for the 

bearing is 20 × 10
6 

revolutions at 95 per cent reliability, calculate dynamic load 

rating of the ball bearing. 

Solution. Given : W1 = 3 kN ; n1 = 0.1 n ; W2 = 2 kN ; n2 = 0.2 n ; W3 = 1 kN ; 

 n3 = 0.3 n ; 

W4 = 0 ; n4 = (1 – 0.1 – 0.2 – 0.3) n = 0.4 n ; L95 = 20 × 10
6
 rev 

Let L90 = Life of the bearing corresponding to reliability of 90 per cent, 

L95 = Life of the bearing corresponding to reliability of 95 per cent 

= 20 × 10
6
 revolutions ...   (Given) 

We know that: 

 

𝑳

𝑳𝟗𝟎
= [

𝒍𝒐𝒈𝒆(𝟏
𝑹⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝑹𝑶

⁄ )
]

𝟏
𝒃
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𝑳𝟗𝟓

𝑳𝟗𝟎
= [

𝒍𝒐𝒈𝒆(𝟏
𝑹𝟗𝟓

⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝑹𝟗𝟎

⁄ )
]

𝟏

𝒃

== [

𝒍𝒐𝒈𝒆(𝟏
𝟎.𝟗𝟓⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝟎.𝟗𝟎⁄ )

]

𝟏

𝟏.𝟏𝟕

=(
𝟎.𝟎𝟓𝟏𝟑

𝟎.𝟏𝟎𝟓𝟒
)𝟎.𝟖𝟓𝟒𝟕 = 𝟎. 𝟓𝟒 

𝑳𝟗𝟎 =
𝑳𝟗𝟓

𝟎.𝟓𝟒
=

𝟐𝟎𝒙𝟏𝟎𝟔

𝟎.𝟓𝟒
= 𝟑𝟕𝒙𝟏𝟎𝟔  rev. 

 

We know that equivalent radial load, 

 

𝑾 = [
𝒏𝟏(𝑾𝟏)𝟑 + 𝒏𝟐(𝑾𝟐)𝟑 + 𝒏𝟑(𝑾𝟑)𝟑 + 𝒏𝟒(𝑾𝟒)𝟑

𝒏𝟏 + 𝒏𝟐 + 𝒏𝟑 + 𝒏𝟒
]

𝟏
𝟑

 

 

 

= [
𝒏𝟏(𝑾𝟏)𝟑 + 𝒏𝟐(𝑾𝟐)𝟑 + 𝒏𝟑(𝑾𝟑)𝟑 + 𝒏𝟒(𝑾𝟒)𝟑

𝒏𝟏 + 𝒏𝟐 + 𝒏𝟑 + 𝒏𝟒
]

𝟏
𝟑

 

 

 

= (
𝟎. 𝟏 𝒏𝒙𝟑𝟑 + 𝟎. 𝟐𝒏𝒙𝟐𝟑 + 𝟎. 𝟑𝒏𝒙𝟏𝟑 + 𝟎. 𝟒𝒏𝒙𝟎𝟑

𝟎. 𝟏𝒏 + 𝟎. 𝟐𝒏 + 𝟎. 𝟑𝒏 + 𝟎. 𝟒𝒏
)

𝟏
𝟑 

=(2.7+1.6+0.3+0)
1/3

=1.663 kN 

We also know that dynamic load rating, 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔
)

𝟏
𝑲 

𝑪 = 𝑾(
𝑳𝟗𝟎

𝟏𝟎𝟔
)

𝟏
𝑲 

=1.663(37x10
6
/10)

1/3
=5.54 kN            Ans. 

Example.2. The rolling contact ball bearing are to be selected to support the 

overhung countershaft. The shaft speed is 720 r.p.m. The bearings are to have 99% 

reliability corresponding to a life of 24 000 hours. The bearing is subjected to an 

equivalent radial load of 1 kN. Consider life adjustment factors for operating 

condition and material as 0.9 and 0.85 respectively. Find the basic dynamic load 

rating of the bearing from manufacturer's catalogue, specified at 90% reliability. 

Solution. Given : N = 720 r.p.m. ; 

LH = 24 000 hours ; W = 1 kN 

We know that life of the bearing corresponding to 99% reliability, 

L99 = 60 N. LH = 60 × 720 × 24 000 = 1036.8 × 10
6
 rev 

Let L90 = Life of the bearing corresponding to 90% reliability. 

Considering life adjustment factors for operating condition and material as 0.9 and 

0.85 respectively, we have 
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𝑳

𝑳𝟗𝟎
= [

𝒍𝒐𝒈𝒆(𝟏
𝑹⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝑹𝑶

⁄ )
]

𝟏
𝒃

𝒙𝟎. 𝟗𝒙𝟎. 𝟖𝟓 

 

𝑳𝟗𝟗

𝑳𝟗𝟎
= [

𝒍𝒐𝒈𝒆(𝟏
𝑹𝟗𝟗

⁄ )

𝒍𝒐𝒈𝒆(𝟏
𝑹𝟗𝟎

⁄ )
]

𝟏

𝟏.𝟏𝟕

𝒙𝟎. 𝟗𝒙𝟎. 𝟖𝟓=(0.01005/0.1054)
0.8547

x0.9x0.85=0.1026 

 

L90= L99/0.1026=1036x10
6
/0.1026=10 105x10

6 
  rev. 

 

We know that dynamic load rating 

 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔
)

𝟏
𝑲 

𝑪 = 𝑾(
𝑳𝟗𝟎

𝟏𝟎𝟔)𝟏/𝟑                                 k = 3, for ball bearing 

=1(10 105x10
6
/10

6
)
1/3

=21.62    kN                       Ans. 

Selection of Radial Ball 

Bearings 

In order to select a most suitable ball bearing, first of all, the basic dynamic radial 

load is calculated. It is then multiplied by the service factor (KS) to get the design 

basic dynamic radial load capacity. The service factor for the ball bearings is shown 

in the following table. 
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MACHINE DESIGN                                                     NAWZAD J.MAHMOOD 

170 
 

After finding the design basic dynamic radial load capacity, the selection of bearing 

is made from the catalogue of a manufacturer. The following table shows the basic 

static and dynamic capacities for various types of ball bearings. 
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Example 27.3. Select a single row deep groove ball bearing for a radial load of 4000 

N and an axial load of 5000 N, operating at a speed of 1600 r.p.m. for an average 

life of 5 years at 10 hours per day. Assume uniform and steady load. 

Solution. Given : WR = 4000 N ; WA = 5000 N ; N = 1600 r.p.m. 

Since the average life of the bearing is 5 years at 10 hours per day, therefore life of 

the bearing in hours, 

LH = 5 × 300 × 10 = 15 000 hours ... (Assuming 300 working days per year) 

and life of the bearing in revolutions, 

L = 60 N × LH = 60 × 1600 × 15 000 = 1440 × 10
6
 rev 

We know that the basic dynamic equivalent radial load, 
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W = X.V.WR + Y.WA ...(i) 

In order to determine the radial load factor (X) and axial load factor (Y), we require 

WA/ WR and 

WA / C0. Since the value of basic static load capacity (C0) is not known, therefore let 

us take 

WA / C0 = 0.5. Now from Table 27.4, we find that the values of X and Y 

corresponding to WA / C0 

= 0.5 and WA/WR = 5000 / 4000 = 1.25 (which is greater than e = 0.44) are 

X = 0.56 and Y = 1 

Since the rotational factor (V) for most of the bearings is 1, therefore TTT, 

W = 0.56 × 1 × 4000 + 1 × 5000 = 7240 N 

From Table 27.5, we find that for uniform and steady load, the service factor (KS) 

for ball bearings is 1. Therefore the bearing should be selected for W = 7240 N. 

We know that basic dynamic load rating, 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔
)

𝟏
𝑲 

𝑪 = 𝟕𝟐𝟒𝟎(
𝟏𝟒𝟒𝟎𝒙𝟏𝟎𝟔

𝟏𝟎𝟔 )𝟏/𝟑=81760 N 

 =81.76  kN 

From Table 27.6, let us select the bearing No. 315 which has the following basic 

capacities, 

C0 = 72 kN = 72 000 N and C = 90 kN = 90 000 N 

Now WA / C0 = 5000 / 72 000 = 0.07 

From Table 27.4, the values of X and Y are 

X = 0.56 and Y = 1.6 

Substituting these values in equation (i), we have dynamic equivalent load, 

W = 0.56 × 1 × 4000 + 1.6 × 5000 = 10 240 N 

Basic dynamic load rating, 

C=10 240 (1440x10
6
/10

6
)
1/3

           k=3 for ball bearings 

C=115 635  N =115.635  kN 

From Table 27.6, the bearing number 319 having C = 120 kN, may be selected. 

Ans. 

Example 27.4. A single row angular contact ball bearing number 310 is used for an 

axial flow compressor. The bearing is to carry a radial load of 2500 N and an axial 

or thrust load of 1500 N. Assuming light shock load, determine the rating life of the 

bearing. 

Solution. Given : WR = 2500 N ; WA = 1500 N 

From Table 27.4, we find that for single row angular contact ball bearing, the 

values of radial factor (X) and thrust factor (Y ) for WA / WR = 1500 / 2500 = 0.6 are 

X = 1 and Y = 0 

Since the rotational factor (V) for most of the bearings is 1, therefore dynamic 

equivalent load, 
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W = X.V.WR + Y.WA = 1 × 1 × 2500 + 0 × 1500 = 2500 N 

 

From Table 27.5, we find that for light shock load, the service factor (KS) is 1.5. 

Therefore the design dynamic equivalent load should be taken as 

W = 2500 × 1.5 = 3750 N 

From Table 27.6, we find that for a single row angular contact ball bearing number 

310, the basic dynamic capacity, 

C = 53 kN = 53 000 N 

We know that rating life of the bearing in revolutions, 

𝑳 = (
𝑪

𝑾
)𝑲𝒙𝟏𝟎𝟔   = (

𝟓𝟑𝟎𝟎𝟎

𝟑𝟕𝟓𝟎
)𝟑𝒙𝟏𝟎𝟔  =2823x10

6 
rev. 

Example 27.5. Design a self-aligning ball bearing for a radial load of 7000 N and a 

thrust load of 2100 N. The desired life of the bearing is 160 millions of revolutions 

at 300 r.p.m. Assume uniform and steady load, 

Solution. Given : WR = 7000 N ; WA = 2100 N ; L = 160 × 106 rev ; N = 300 r.p.m. 

From Table 27.4, we find that for a self-aligning ball bearing, the values of radial 

factor (X ) and thrust factor (Y) for WA / WR = 2100 / 7000 = 0.3, are as follows : 

X = 0.65 and Y = 3.5 

Since the rotational factor (V ) for most of the bearings is 1, therefore dynamic 

equivalent load, 

W = X.V.WR + Y.WA = 0.65 × 1 × 7000 + 3.5 × 2100 = 11 900 N 

From Table 27.5, we find that for uniform and steady load, the service factor KS for 

ball bearings is 1. Therefore the bearing should be selected for W = 11 900 N. 

We know that the basic dynamic load rating, 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔)
𝟏

𝑲  = 𝟏𝟏𝟗𝟎𝟎(
𝟏𝟔𝟎𝒙𝟏𝟎𝟔

𝟏𝟎𝟔 )𝟏/𝟑=6400 N=64.6 kN            

... (k = 3, for ball bearings) 

From Table 27.6, let us select bearing number 219 having C = 65.5 kN Ans. 

Example 27.6. Select a single row deep groove ball bearing with the operating cycle 

listed below, which will have a life of 15 000 hours. 

 
Assume radial and axial load factors to be 1.0 and 1.5 respectively and inner race 

rotates. 

Solution. Given : LH = 15 000 hours ; WR1 = 2000 N ; WA1 = 1200 N ; N1 = 400 

r.p.m. ; KS1 = 3 ; 
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WR2 = 1500 N ; WA2 = 1000 N ; N2 = 500 r.p.m. ; KS2 = 1.5 ; WR3 = 1000 N ;  

 WA3 = 1500 N ; 

N3 = 600 r.p.m. ; KS3 = 2 ; WR4 = 1200 N ; WA4 = 2000 N ; N4 = 800 r.p.m. ; KS4 = 1 ; 

X = 1 ; Y = 1.5 

We know that basic dynamic equivalent radial load considering service factor is 

W = [X.V.WR + Y.WA] KS ...(i) 

It is given that radial load factor (X ) = 1 and axial load factor (Y ) = 1.5. Since the 

rotational factor (V) for most of the bearings is 1, therefore equation (i) may be 

written as 

W = (WR + 1.5 WA) KS 

Now, substituting the values of WR, WA and KS for different operating cycle, we 

have 

W1 = (WR1 + 1.5 WA1) KS1 = (2000 + 1.5 × 1200) 3 = 11 400 N 

W2 = (WR2 + 1.5 WA2) KS2 = (1500 + 1.5 × 1000) 1.5 = 4500 N 

W3 = (WR3 + 1.5 WA3) KS3 = (1000 + 1.5 × 1500) 2 = 6500 N 

and W4 = (WR4 + 1.5 WA4) KS4 = (1200 + 1.5 × 2000) 1 = 4200 N 

We know that life of the bearing in revolutions 

L = 60 N.LH = 60 N × 15 000 = 0.9 × 10
6
 N rev 

Life of the bearing for 1/10 of a cycle, 

L1=1/10x0.9x10
6
N1=1/10x0.9x10

6
x400=36x10

6
  rev 

Similarly, life of the bearing for the next 1/10 of a cycle, 

L2=1/10x0.9x10
6
N2=1/10x0.9x10

6
x500=45x10

6
   rev 

Similarly, life of the bearing for the next 1/5 of a cycle 

L3=1/5x0.9x10
6
N3=1/5x0.9x10

6
x600=108x10

6
   rev 

and life of the bearing for the next 3/5 of a cycle, 

L4=3/5x0.9x10
6
N4=3/5x0.9x10

6
x800=432x10

6
   rev 

𝑾 = [
𝑳𝟏(𝑾𝟏)𝟑 + 𝑳𝟐(𝑾𝟐)𝟑 + 𝑳𝟑(𝑾𝟑)𝟑 + 𝑳𝟒(𝑾𝟒)𝟑

𝑳𝟏 + 𝑳𝟐 + 𝑳𝟑 + 𝑳𝟒
]

𝟏
𝟑

 

 

= [
𝟑𝟔𝒙𝟏𝟎𝟔(𝟏𝟏𝟒𝟎𝟎)𝟑 + 𝟒𝟓𝒙𝟏𝟎𝟔(𝟒𝟓𝟎𝟎)𝟑 + 𝟏𝟎𝟖𝒙𝟏𝟎𝟔(𝟔𝟓𝟎𝟎)𝟑 + 𝟒𝟑𝟐𝒙𝟏𝟎𝟔(𝟒𝟐𝟎𝟎)𝟑

𝟑𝟔𝒙𝟏𝟎𝟔 + 𝟒𝟓𝒙𝟏𝟎𝟔 + 𝟏𝟎𝟖𝒙𝟏𝟎𝟔 + 𝟒𝟑𝟐𝒙𝟏𝟎𝟔
]

𝟏
𝟑

 

 

=[
𝟏.𝟏𝟗𝟏𝒙𝟏𝟎𝟖𝒙𝟏𝟎𝟏𝟐

𝟔𝟐𝟏𝒙𝟏𝟎𝟔
]

𝟏

𝟑
=5279  N 

and L = L1 + L2 + L3 + L4 

= 36 × 106 + 45 × 106 +108 × 106 + 432 × 106 = 621 × 106 rev 
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We know that dynamic load rating, 

𝑪 = 𝑾(
𝑳

𝟏𝟎𝟔)
𝟏

𝑲  = 𝟓𝟐𝟕𝟗(
𝟔𝟐𝟏𝒙𝟏𝟎𝟔

𝟏𝟎𝟔 )𝟏/𝟑=44.08  kN 

From Table 27.6, the single row deep groove ball bearing number 215 having 

     C = 44 kN may be selected.  Co=35.5 Ans. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 
 
 

MACHINE DESIGN                                                     NAWZAD J.MAHMOOD 

176 
 

Lecture 13 

Springs 

Introduction 

A spring is defined as an elastic body, whose functions to distort when loaded and 

to recover its original shape when the load is removed. The various important 

applications of springs are as follows : 

1. To cushion, absorb or control energy due to either shock or vibration as in car 

springs, railway 

buffers, air-craft landing gears, shock absorbers and vibration dampers. 

2. To apply forces, as in brakes, clutches and spring loaded valves. 

3. To control motion by maintaining contact between two elements as in cams and 

followers. 

4. To measure forces, as in spring balances and engine indicators. 

5. To store energy, as in watches, toys, etc. 

Objectives  
After studying this unit, you should be able to  

 describe the types of springs  

 calculate the strength of springs 

Types of Springs 

Though there are many types of the springs, yet the following, according to their 

shape, are important from the subject point of view. 

1. Helical springs. The helical springs are made up of a wire coiled in the form of a 

helix and is primarily intended for compressive or tensile loads. The cross-section 

of the wire from which the spring is made may be circular, square or rectangular. 

The two forms of helical springs are compression helical spring as shown in Fig. 

 
2. Conical and volute springs. The conical and volute springs, as shown in Fig., are 

used in special applications where a telescoping spring or a spring with a spring 

rate that increases with the load is desired. The conical spring, as shown in Fig. 
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3. Torsion springs. These springs may be of helical or spiral type as shown in Fig.. 

The helical type may be used only in applications where the load tends to wind up 

the spring and are used in various electrical mechanisms. The spiral type is also 

used where the load tends to increase the number of coils and when made of flat 

strip are used in watches and clocks 

.  

 

4. Laminated or leaf springs. The laminated or leaf spring (also known as flat 

spring or carriage spring) consists of a number of flat plates (known as leaves) of 

varying lengths held together by means of clamps and bolts, as shown in Fig. These 

are mostly used in automobiles. 

 
Terms used in Compression Springs 

The following terms used in connection with compression springs are important 

from the subject point of view. 
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1. Solid length. When the compression spring is compressed until the coils come in 

contact with each other, then the spring is said to be solid. The solid length of a 

spring is the product of total number of coils and the diameter of the wire. 

Mathematically, Solid length of the spring, 

LS = n'.d 

where        n' = Total number of coils, and 

                   d = Diameter of the wire. 

2. Free length. The free length of a compression spring, as shown in Fig., is the 

length of the spring in the free or unloaded condition. It is equal to the solid length 

plus the maximum deflection or compression of the spring and the clearance 

between the adjacent coils (when fully compressed). Mathematically, 

 
Free length of the spring, 

LF = Solid length + Maximum compression + *Clearance between adjacent coils (or 

clash allowance) 

= n'.d + max + 0.15 max 

The following relation may also be used to find the free length of the spring, i.e. 

LF = n'.d + max + (n' – 1) × 0.1 mm 

In this expression, the clearance between the two adjacent coils is taken as 1 mm. 

3. Spring index. The spring index is defined as the ratio of the mean diameter of the 

coil to the diameter of the wire. Mathematically, 

Spring index, C = D / d 

where D = Mean diameter of the coil, and 

d = Diameter of the wire. 

4. Spring rate. The spring rate (or stiffness or spring constant) is defined as the load 

required per unit deflection of the spring. Mathematically, 

Spring rate, k = W / 
where                      W = Load, and 

= Deflection of the spring. 

5. Pitch. The pitch of the coil is defined as the axial distance between adjacent coils 

in uncompressed state. Mathematically, Pitch of the coil, 

𝑷 =
𝒇𝒓𝒆𝒆 𝒍𝒆𝒏𝒈𝒕𝒉

𝒏′ − 𝟏
 

The pitch of the coil may also be obtained by using the following relation, i.e. 

Pitch of the coil,  

𝑷 =
𝑳𝑭 − 𝑳𝑺

𝒏′
+ 𝒅 

where LF = Free length of the spring, 

LS = Solid length of the spring, 
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n' = Total number of coils, and 

d = Diameter of the wire. 
 

 

End Connections for Compression Helical Springs 

The end connections for compression helical springs are suitably formed in order to 

apply the load. Various forms of end connections are shown in Fig. 

 
In all springs, the end coils produce an eccentric application of the load, increasing 

the stress on one side of the spring. Under certain conditions, especially where the 

number of coils is small, this effect must be taken into account. The nearest 

approach to an axial load is secured by squared and ground ends, where the end 

turns are squared and then ground perpendicular to the helix axis. It may be noted 

that part of the coil which is in contact with the seat does not contribute to spring 

action and hence are termed as inactive coils. The turns which impart spring action 

are known as active turns. As the load increases, the number of inactive coils also 

increases due to seating of the end coils and the amount of increase varies from 0.5 

to 1 turn at the usual working loads. The following table shows the total number of 

turns, solid length and free length for different types of end connections. 

 
where                          n = Number of active turns, 

                                    p = Pitch of the coils, and 

                                    d = Diameter of the spring wire. 
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Stresses in Helical Springs of Circular Wire 
Consider a helical compression spring made of circular wire and subjected to an 

axial load W, as shown in Fig. 

Let  

D = Mean diameter of the spring coil, 

d = Diameter of the spring wire, 

n = Number of active coils, 

G = Modulus of rigidity for the spring material, 

W = Axial load on the spring, 

= Maximum shear stress induced in the wire, 

C = Spring index = D/d, 

p = Pitch of the coils, and 

= Deflection of the spring, as a result of an axial load W. 

 
Now consider a part of the compression spring as shown in Fig. 23.10 (b). The load 

W tends to rotate the wire due to the twisting moment ( T ) set up in the wire. Thus 

torsional shear stress is induced in the wire. 

A little consideration will show that part of the spring, as shown in Fig. 23.10 (b), is 

in equilibrium under the action of two forces W and the twisting moment T. We 

know that the twisting moment, 

𝑻 = 𝑾𝒙
𝑫

𝟐
=

𝝅

𝟏𝟔
𝒙𝝉𝟏𝒙𝒅𝟑 

𝝉𝟏 =
𝟖𝑾𝑫

𝝅𝒅𝟑
 

In addition to the torsional shear stress (1) induced in the wire, the following 

stresses also act on the wire : 

1. Direct shear stress due to the load W, and 

2. Stress due to curvature of wire. 

We know that direct shear stress due to the load W, 

𝝉𝟐 =
𝑳𝒐𝒂𝒅

𝒄𝒓𝒐𝒔𝒔 𝒔𝒆𝒄𝒕𝒊𝒐𝒏𝒂𝒍 𝒂𝒓𝒆𝒂 𝒊𝒏 𝒕𝒉𝒆 𝒘𝒊𝒓𝒆
 

=
𝑾

𝝅
𝟒 𝒅𝟐

=
𝟒𝑾

𝝅𝒅𝟐
 

We know that the resultant shear stress induced in the wire, 
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𝝉 = 𝝉𝟏 ∓ 𝝉𝟐 =
𝟖𝑾𝑫

𝝅𝒅𝟑
∓

𝟒𝑾

𝝅𝒅𝟐
 

The positive sign is used for the inner edge of the wire and negative sign is used for 

the outer edge of the wire. Since the stress is maximum at the inner edge of the 

wire,  therefore Maximum shear stress induced in the wire, 

= Torsional shear stress + Direct shear stress 

=
𝟖𝑾𝑫

𝝅𝒅𝟑
+

𝟒𝑾

𝝅𝒅𝟐
 

=
𝟖𝑾𝑫

𝝅𝒅𝟑
(𝟏 +

𝒅

𝟐𝑫
) 

=
𝟖𝑾𝑫

𝝅𝒅𝟑 (𝟏 +
𝟏

𝟐𝑪
) = 𝑲𝒔

𝟖𝑾𝑫

𝝅𝒅𝟑
           substitutingD/d=C 

 where KS = Shear stress factor =𝟏 +
𝟏

𝟐𝑪
 

From the above equation, it can be observed that the effect of direct shear 
𝟖𝑾𝑫

𝝅𝒅𝟑 x
𝟏

𝟐𝑪
  is appreciable for springs of small spring index C. Also we have neglected 

the effect of wire curvature in equation (iii). It may be noted that when the springs 

are subjected to static loads, the effect of wire curvature may be neglected, because 

yielding of the material will relieve the stresses. In order to consider the effects of 

both direct shear as well as curvature of the wire, a Wahl’s stress factor (K) 

introduced by A.M. Wahl may be used. The resultant diagram of torsional shear, 

direct shear and curvature shear stress is shown in Fig. 23.11 (d). 

Maximum shear stress induced in the wire, 

𝝉 = 𝑲𝒙
𝟖𝑾𝑫

𝝅𝒅𝟑
= 𝑲

𝟖𝑾𝑪

𝝅𝒅𝟐
 

𝑲𝒘 =
𝟒𝑪 − 𝟏

𝟒𝑪 − 𝟒
+

𝟎. 𝟔𝟏𝟓

𝑪
 

The values of K for a given spring index (C) may be obtained from the graph as 

shown in Fig. 

 
 

We see from Fig. 23.12 that Wahl’s stress factor increases very rapidly as the spring 

index decreases. The spring mostly used in machinery have spring index above 3. 

Note: The Wahl’s stress factor (K) may be considered as composed of two sub-

factors, KS and KC, such that 

K = KS × KC 
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where                   KS = Stress factor due to shear, and 

                             KC = Stress concentration factor due to curvature. 

Deflection of Helical Springs of Circular Wire 
In the previous article, we have discussed the maximum shear stress developed in 

the wire. We know that: 

 Total active length of the wire, 

l = Length of one coil × No. of active coils = π D × n 

Let                θ = Angular deflection of the wire when acted upon by the torque T. 

 Axial deflection of the spring, 

δ = θ × D/2 .. ........................(i) 

We also know that 

 
𝑻

𝑱
=

𝝉

𝑫
𝟐⁄

=
𝑮𝜽

𝒍
 

𝜽 =
𝑻.𝒍

𝑮.𝑱
         considering 

𝑻

𝑱
= 

𝑮𝜽

𝒍
  

  where J = Polar moment of inertia of the spring wire   

               =
𝝅

𝟑𝟐
𝒅𝟒 

and G = Modulus of rigidity for the material of the spring wire. 

Now substituting the values of l and J in the above equation, we have 

𝜽 =
𝑻. 𝒍

𝑮. 𝑱
=

𝑾𝒙
𝑫
𝟐 . 𝝅. 𝑫. 𝒏

𝝅
𝟑𝟐 𝒅𝟒. 𝑱

=
𝟏𝟔. 𝑾𝑫𝟐

𝑮𝒅𝟒
= 

Substituting this value of θin equation (i), we have 

𝜹 =
𝟏𝟔 𝑾𝑫𝟐𝒏

𝑮𝒅𝟒
𝒙

𝑫

𝟐
 

𝜹 =
𝟖 𝑾𝑫𝟑𝒏

𝑮𝒅𝟒
=

𝟖𝑾𝑪𝟑𝒏

𝑮.𝒅
          ... ( C = D/d)          

and the stiffness of the spring or spring rate, 

𝑾

𝜹
=

𝑮𝒅𝟒

𝟖𝑫𝟑𝒏
=

𝑮𝒅

𝟖𝑪𝟑𝒏
= 𝑪𝒐𝒏𝒔𝒕𝒂𝒏𝒕 

Example   1  Design a helical compression spring for a maximum load of 1000 N 

for a deflection of 25mm using the value of spring index as 5.(take max=420N/mm
2
 

and modulus of rigidity, for spring material  G=84KN/mm
2
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solution: given data: 

Nmax=1000 N 

=25 mm 

C=5 

 max=420N/mm
2
 

G=84KN/mm
2
 

𝑲𝒘 =
𝟒𝑪−𝟏

𝟒𝑪−𝟒
+

𝟎.𝟔𝟏𝟓

𝑪
=

𝟒𝒙𝟓−𝟏

𝟒𝒙𝟓−𝟒
+

𝟎.𝟔𝟏𝟓

𝟓
=1.31 

Diameter of the spring wire 

 let          D= mean diameter of the spring coil, and 

               d= diameter of spring wire 

Using the relation 

         

𝝉 = 𝑲
𝟖𝑾𝑪

𝝅𝒅𝟐
                  𝒅𝟐 =

𝑲.𝟖.𝑾𝑪

𝝅𝝉
=

𝟏.𝟑𝟏𝒙𝟖𝒙𝟏 𝟎𝟎𝟎𝒙𝟓

𝝅𝒙𝟒𝟐𝟎
= 𝟒𝟎 

d=6.3 mm 

 

 or  

We shall take a standard wire size  SWG3 having diameter 6.401 mm     answer 

         D=5d=5x6.401=32.005 mm 

number of active turns of the coils 

    let             n= number of active turns of the coils 

            

𝜹 =
𝟖𝑾𝑪𝟑𝒏

𝑮. 𝒅
 

𝒏 =
𝜹 𝑮𝒅

𝟖𝑾𝑪𝟑
=

𝟐𝟓𝒙𝟔.𝟑𝒙𝟖𝟒𝒙𝟏𝟎𝟑

𝟖𝒙𝟏 𝟎𝟎𝟎𝒙𝟓𝟑
= 𝟏𝟑. 𝟐𝟑 = 𝟏𝟒          answer 

for square and ground ends, the total number of turns 

n'=n+2=14+2=16 

taking 1 mm clearance between adjacent coils, free length of the spring 

 LF = n'.d + max + (n' – 1) × 0.1 mm 

   

    = 16x6.3+25+(16-1)0.1=126.5 mm 

we know that the pitch of the coil 

𝑷 =
𝒇𝒓𝒆𝒆 𝒍𝒆𝒏𝒈𝒕𝒉

𝒏′−𝟏
=

𝟏𝟒𝟎.𝟖

𝟏𝟔−𝟏
= 𝟗. 𝟒 𝒎𝒎             answer 



 
 
 

MACHINE DESIGN                                                     NAWZAD J.MAHMOOD 

184 
 

Example   2 Design a close coiled helical compression spring for a service factor 

load ranging from  225 kg to 275 kg. The axial deflection of spring the spring for 

the load range is 6 mm. Assume a spring index of  5. 

Permissible shear stress intensity 4200 kg/cm
2
. Modulus of rigidity G=0.84x10

6
 

kg/cm
2
. 

Neglect the effect of stress concentration. Draw a fully dimension sketch of the 

spring, showing details of the finish of the end coils. 

Solution: 

given   min. load W1=225 kg 

          max. load  W2= 275kg 

Axial deflection for the load range from 225kg to 275kg  for a load  of 50 kg 

=6 mm= 0.6 cm 

 spring index,    C=5 

Permissible shear stress  = 4200 kg/cm
2
 

modulus of rigidity      G= 0.84x10
6
 kg/cm

2
 

first of all, let us find the mean diameter of the spring coil for the maximum load of 

W1= 275 kg 

let             D= Mean diameter of the spring 

               d= diameter of the spring wire 

𝑻 = 𝑾𝒙
𝑫

𝟐
=

𝝅

𝟏𝟔
𝒙𝝉𝟏𝒙𝒅𝟑 

𝟐𝟕𝟓𝒙
𝟓𝒅

𝟐
=

𝝅

𝟏𝟔
𝒙𝟒𝟐𝟎𝟎𝒙𝒅𝟑                 c=D/d=5 

d=0.8839 cm 

 we shall use a wire of SWG 2/0 whose diameter is 0.8839 cm  

 mean diameter of the spring coil  

D=5d= 5x0.8839=4.4195 cm 

we know the outer diameter of the spring coil =D+d=4.4195+0.8839=5.3034cm 

and the inner diameter of the spring coil  =D-d= 4.4195-0.8839= 3.5356 cm 
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now let us find out the active numbers of turns of the coil 

using the relation 

𝜹 =
𝟖𝑾𝑪𝟑𝒏

𝑮. 𝒅
 

𝒏 =
𝜹 𝑮𝒅

𝟖𝑾𝑪𝟑
=

𝟎. 𝟔𝒙𝟎. 𝟖𝟒𝒙𝟏𝟎𝟔𝒙𝟎. 𝟖𝟖𝟑𝟗

𝟖𝒙𝟓𝟎𝒙𝟓𝟑
 

= 8.3=9 coils 

total number of turns using square and ground end 

n'=n+2=9+2=11                              answer 

since the compression produced under 50 kg load  is 0.6 cm therefore maximum 

compression produced under the maximum load  of 275 kg 

max=0.6/50x275= 3.3 cm 

we know that the free length of the coil 

LF = n'.d + max + (n' – 1) × 0.1 mm 

   =11x0.8839+3.3+(11-1)x0.1=14.023    or 14.2 cm 

and the pitch of the coil 

𝑷 =
𝒇𝒓𝒆𝒆 𝒍𝒆𝒏𝒈𝒕𝒉

𝒏′−𝟏
 =

𝟏𝟒.𝟐

𝟏𝟏−𝟏
= 𝟏. 𝟒𝟐 𝒄𝒎                answer 

 

Example  3 

The following are the data for a helical spring used for an engine: 

Length of the spring when valve is open= 4 cm 

Length of the spring when valve is close= 5 cm 

spring load when valve is open = 40 kg 

spring load when valve is open= 20kg 

maximum inside diameter of spring= 2.8 cm 

maximum permissible shear stress for the material of the spring= 400kg/cm
2
 and 

modulus of rigidity= 8x10
5
 kg/cm

2
. Design the spring 

 

 

 

 

 

 

 

 

 



 
 
 

MACHINE DESIGN                                                     NAWZAD J.MAHMOOD 

186 
 

 

 

solution:  

 

 

 

 

 

 

 

 

 

 

 

Given  

  Length of the spring when valve is open=l1= 4 cm 

Length of the spring when valve is close=l2= 5 cm 

spring load when valve is open =W1=  40 kg 

spring load when valve is open= W2= 20kg 

maximum inside diameter of spring=d1=    2.8 cm 

maximum permissible shear stress for the material of the spring== 400kg/cm
2
 and 

modulus of rigidity= G= 8x10
5
 kg/cm

2
. Design the spring 

Mean diameter of the spring coil= inside diameter of spring +dia. of wire spring 

 =(2.8+d) cm 

since the diameter of the spring wire is obtained by maximum spring load therefore 

the maximum twisting moment on the spring 

𝑻 = 𝑾𝒙
𝑫

𝟐
=

𝝅

𝟏𝟔
𝒙𝝉𝟏𝒙𝒅𝟑 

=𝟒𝟎𝒙(
𝟐.𝟖+𝒅

𝟐
) =

𝝅

𝟏𝟔
𝒙𝟒𝟎𝟎𝟎𝒙𝒅𝟑 

 

d=0.43 or 0.45 cm 

mean diameter of the spring coil= D=2.8+d=2.8+0.45=3.25 cm 

we know that the spring index 

C=D/d=3.25/0.45=7.2 

 

𝑲𝒘 =
𝟒𝑪 − 𝟏

𝟒𝑪 − 𝟒
+

𝟎. 𝟔𝟏𝟓

𝑪
=

𝟒𝒙𝟕. 𝟐 − 𝟏

𝟒𝒙𝟕. 𝟐 − 𝟒
+

𝟎. 𝟔𝟏𝟓

𝟕. 𝟐
= 𝟏. 𝟐  

Now taking Whals factor  into account we may determine the diameter of the wire 

 

𝝉 == 𝑲
𝟖𝑾𝑪

𝝅𝒅𝟐
 

𝒅𝟐 =
𝑲. 𝟖. 𝑾𝟏𝑪

𝝅𝝉
=

𝟏. 𝟐𝒙𝟖𝒙𝟒𝟎𝒙𝟕. 𝟐

𝝅𝒙𝟒𝟎𝟎𝟎
 

d=0.47 cm 

we shall use wire of SWG 6 whose diameter is 0.4877 cm 

closed valve 
open valve 
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and mean diameter of the spring coil=D=2.8+d=2.8+0.4877=3.2877 cm 

number of turns of coils 

let         n=number of active turns of the coil 

we are given that compression of the spring caused by load of (W1-W2)  40-20=20kg 

 is (l2-l1) 5-4=1 cm 

now using the relation  

𝜹 =
𝟖 𝑾𝑫𝟑𝒏

𝑮𝒅𝟒
 

𝒏 =
𝜹𝒅𝟒𝑮

𝟖𝒘𝑫𝟑
=

𝟏𝒙𝟎. 𝟒𝟖𝟕𝟕𝟒𝒙𝟖𝒙𝟏𝟎𝟓

𝟖𝒙𝟐𝟎𝒙𝟑. 𝟐𝟖𝟕𝟕𝟑
= 𝟗. 𝟐𝟓 = 𝟏𝟎 

taking the ends of the spring as square and ground total numbers of turns of the 

spring  

n'=10+2=12 

since the deflection for 20 kg is 1 cm therefore maximum deflection for 40 kg load 

max=1/20x40=2 cm 

we know that the free length of the coil 

LF = n'.d + max + (n' – 1) × 1  

    =12x0.4877+2+(12-1)x0.1=8.9524cm 

and the pitch of the coil 

𝑷 =
𝒇𝒓𝒆𝒆 𝒍𝒆𝒏𝒈𝒕𝒉

𝒏′−𝟏
=8.9524/12-1=0.8138 cm                    answer 
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Example 4 

A close coiled helical compression spring of 12 active coils has a spring stiffness of 

k. It is cut into two springs having 5 and 7 turns. Determine the spring stiffness of 

resulting springs. 

 solution 

number of active coils=12 

 stiffness of spring=k=W/δ 

𝜹 =
𝟖𝑾𝑫𝟑𝒏

𝑮𝒅𝟒
 

𝑾

𝜹
=

𝑮𝒅𝟒

𝟖𝑫𝟑𝒏
 

since G, D and d are constant therefore substiuting 

𝑮𝒅𝟒

𝟖𝑫𝟑
= 𝑿 

𝑾

𝜹
= 𝒌 =

𝑿

𝒏
 

X=kn 

The spring is cut into two springs with n1=5 and n2=7 

k1=stiffness of spring having 5 turns 

k2= stiffness of spring having 7 turns 

𝒌𝟏 =
𝑿

𝒏𝟏
=

𝟏𝟐𝒌

𝟓
= 𝟐. 𝟒 𝒌 

𝒌𝟐 =
𝑿

𝒏𝟐
=

𝟏𝟐𝒌

𝟕
= 𝟏. 𝟕 𝒌         answer 
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Example 5 

Design a helical spring for a spring loaded safety valve (Ramsbottom safety valve) for the following 

conditions; 

diameter of valve seat=100 mm 

operating pressure=1 N/mm
2
 

maximum pressure when valve blows off freely=1.075 N/mm
2
 

maximum lift of the valve when the pressure is 1.075 N/mm
2
 

maximum allowable stress= 400 N/mm
2
   modulus of rigidity= 84x10

3
 N/mm

2
 

spring index=5.5   Draw a neat sketch of the free spring showing the main dimensions 

solution 

since the valve is a Rams bottom safety valve  therefore the spring will be under tension, we know 

that the initial tensile force acting on the spring (before the valve lifts. 

𝑾𝟏 =
𝝅

𝟒
𝑫𝟏

𝟐𝑷𝟏 =
𝝅

𝟒
𝟏𝟎𝟎𝟐𝒙𝟏 = 𝟕𝟖𝟓𝟓 𝑵. 

𝑾𝟐 =
𝝅

𝟒
𝑫𝟏

𝟐𝑷𝟐 =
𝝅

𝟒
𝟏𝟎𝟎𝟐𝒙𝟏. 𝟎𝟕𝟓 = 𝟖𝟒𝟒𝟓 𝑵 

Force which produces the deflection of 6 mm 

W=W2-W1=8445-7855=590 N 

𝑲𝒘 =
𝟒𝑪 − 𝟏

𝟒𝑪 − 𝟒
+

𝟎. 𝟔𝟏𝟓

𝑪
=

𝟒𝒙𝟓. 𝟓 − 𝟏

𝟒𝒙𝟓. 𝟓 − 𝟒
+

𝟎. 𝟔𝟏𝟓

𝟓. 𝟓
= 𝟏. 𝟐𝟖 

𝑾𝟐𝒙
𝑫

𝟐
=

𝝅

𝟏𝟔
𝝉𝒅𝟑 

𝟖𝟒𝟒𝟓𝒙
𝟓. 𝟓𝒅

𝟐
=

𝝅

𝟏𝟔
𝒙𝟒𝟎𝟎𝒙𝒅𝟑 

d=17.2 or 18 mm 

 mean diameter D=5.5d=5.5x18=99 mm ؞

outside diameter= D+d=99+18=117 mm 

inside diameter= D-d= 99-18=81 mm 

number of active turns 

𝜹 =
𝟖𝑾𝑪𝟑𝒏

𝒅. 𝑮
 

𝟔 =
𝟖𝒙𝟓𝟗𝟎𝒙𝟓. 𝟓𝟑𝒏

𝟏𝟖𝒙𝟖𝟒𝒙𝟏𝟎𝟑
 

n=11.38 or 12        ans. 
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Lecture 14 

Gear  Design 

Gears are toothed cylindrical wheels used for transmitting mechanical power from 

one rotating shaft to another. Several types of gears are in common use. This 

chapter introduces various types of gears and details the design, specification and 

selection of spur gears in particular. 

 
LEARNING OBJECTIVES 

At the end of this section you should be: 

• familiar with gear nomenclature; 

• able to select a suitable gear type for different 

applications; 

• able to determine gear train ratios; 

• able to determine the bending stress for a 

spur gear using the Lewis formula; 

• able to select appropriate gears for a compound 

gearbox using spur gears; 

Gears can be divided into several broad classifications. 

 

1. Parallel axis gears: 

(a) spur gears (see Figure 6.5), 

(b) helical gears (see Figures 6.6 and 6.7), 

(c) internal gears. 

2. Non-parallel, coplanar gears (intersecting axes): 

(a) bevel gears (see Figure 6.8), 

(b) face gears, 

(c) conical involute gearing. 

3. Non-parallel, noncoplanar gears (nonintersecting 

axes): 

(a) crossed axis helicals (see Figure 6.9), 

(b) cylindrical worm gearing (see Figure 6.10), 

(c) single enveloping worm gearing, 

(d) double enveloping worm gearing, 

(e) hypoid gears, 

(f ) spiroid and helicon gearing, 

(g) face gears (off centre). 

4. Special gear types: 

(a) square and rectangular gears, 

(b) elliptical gears, 
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Terms used in Gears 

The following terms, which will be mostly used in this chapter, should be clearly 

understood at this stage.  

1. Pitch circle. It is an imaginary circle which by pure rolling action, would give the 

same motion as the actual gear. 

2. Pitch circle diameter. It is the diameter of the pitch circle. The size of the gear is 

usually specified by the pitch circle diameter. It is also called as pitch diameter. 

3. Pitch point. It is a common point of contact between two pitch circles. 

4. Pitch surface. It is the surface of the rolling discs which the meshing gears have 

replaced at the pitch circle. 

5. Pressure angle or angle of obliquity. It is the angle between the common normal 

to two gear teeth at the point of contact and the common tangent at the pitch point. 

It is usually denoted by  The standard pressure angle is 20°. 
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6. Addendum. It is the radial distance of a tooth from the pitch circle to the top of 

the tooth. 

7. Dedendum. It is the radial distance of a tooth from the pitch circle to the bottom 

of the tooth. 

8. Addendum circle. It is the circle drawn through the top of the teeth and is 

concentric with the pitch circle. 

9. Dedendum circle. It is the circle drawn through the bottom of the teeth. It is also 

called root circle. 

Note : Root circle diameter = Pitch circle diameter × cos  where is the pressure 

angle. 

10. Circular pitch. It is the distance measured on the circumference of the pitch 

circle from a point of one tooth to the corresponding point on the next tooth. It is 

usually denoted by Pc. Mathematically. 

 

Gear trains 
A gear train is one or more pairs of gears operating together to transmit power. 

Figure  below shows examples of a simple gear train, a reverted gear train and a 

non-reverted gear train. 
𝒏𝑷

𝒏𝑮
=

𝑵𝑮

𝑵𝑷
=

𝒅𝑮

𝒅𝑷
=

𝒘𝑮

𝒘𝒑
 

Example .1 

Consider the gear train shown in Figure below. Calculate the speed of gear five. 

Solution 

 
 

𝒏𝟐 = −
𝑵𝟏

𝑵𝟐
𝒏𝟏 

𝒏𝟑 = −
𝑵𝟐

𝑵𝟑
𝒏𝟐 

𝒏𝟒 = 𝒏𝟑 

𝒏𝟓 = −
𝑵𝟒

𝑵𝟓
𝒏𝟒 

𝒏𝟓 =
𝑵𝟒𝑵𝟐𝑵𝟏

𝑵𝟓𝑵𝟑𝑵𝟐
𝒏𝟏 

Beam Strength of Gear Teeth – Lewis Equation 

The beam strength of gear teeth is determined from an equation (known as *Lewis 

equation) and the load carrying ability of the toothed gears as determined by this 
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equation gives satisfactory results. In the investigation, Lewis assumed that as the 

load is being transmitted from one gear to another, it is all given and taken by one 

tooth, because it is not always safe to assume that the load is distributed among 

several teeth. When contact begins, the load is assumed to be at the end of the 

driven teeth and as contact ceases, it is at the end of the driving teeth. This may not 

be true when the number of teeth in a pair of mating gears is large, because the 

load may be distributed among several teeth. But it is almost certain that at some 

time during the contact of teeth, the proper distribution of load does not exist and 

that one tooth must transmit the full load. In any pair of gears having unlike 

number of teeth, the gear which have the fewer teeth (i.e. pinion) will be the 

weaker, because the tendency toward undercutting of the teeth becomes more 

pronounced in gears as the number of teeth becomes smaller. 

 
 

𝜎𝑏 =
𝑊𝑡

𝐹𝑚𝑌
 

where Wt is transmitted load (N); F is face width(m or mm); m is module (m or 

mm); and Y is the Lewis form factor and can be found from Table 27 
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Simple gear selection procedure 
The procedure is outlined below. 

1. Select the number of teeth for the pinion and the gear to give the required gear 

ratio 

2. Select a material. This will be limited to those listed in the stock gear catalogues. 
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3. Select a module, m 

4. Calculate the pitch diameter, d = mN. 

5. Calculate the pitch line velocity, V = (d/2) . n . (2/60). 

6. Calculate the dynamic factor, Kv = 6/(6 + V ). 

7. Calculate the transmitted load, Wt = Power/V. 

8. Calculate an acceptable face width using the Lewis formula in the form, 

𝑭 =
𝑾𝒕

𝑲𝒗𝒎𝒀𝝈𝒑
 

Example 1 

A 20° full depth spur pinion is to transmit 1.25 kW at 850 rpm.The pinion has 18 

teeth. Determine the Lewis bending stress if the module is 2 and the face width is 

25mm. 

Solution 

Calculating the pinion pitch diameter 

dP= m NP = 2x  18 = 36 mm 

Calculating the pitch line velocity 

𝑽 =
𝒅

𝟐
∗ 𝟏𝟎−𝟑 ∗ 𝒏 ∗

𝟐𝝅

𝟔𝟎
 

 

=
𝟎.𝟎𝟑𝟔

𝟐
∗ 𝟏𝟎−𝟑 ∗ 𝟖𝟓𝟎 ∗

𝟐𝝅

𝟔𝟎
= 𝟏. 𝟔𝟎𝟐 𝒎/𝒔 

Calculating the velocity factor 

𝑲𝒗 =
𝟔. 𝟏

𝟔. 𝟏 + 𝑽
 

=
𝟔.𝟏

𝟔.𝟏+𝑽
=

𝟔.𝟏

𝟔.𝟏+𝟏.𝟔𝟎𝟐
= 𝟎. 𝟕𝟗𝟐𝟎 

 

Calculating the transmitted load 

𝑾𝒕 =
𝒑𝒐𝒘𝒆𝒓

𝑽
=

𝟏𝟐𝟓𝟎

𝟏. 𝟔𝟎𝟐
= 𝟕𝟖𝟎. 𝟐 𝑵 
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From Table 27 for NP = 18, the Lewis form factor Y = 0.29327. The Lewis Equation 

for bending stress gives: 

𝝈𝒃 =
𝑾𝒕

𝑲𝒗𝑭𝒎𝒀
 

 

= 
𝟕𝟖𝟎.𝟐

𝟎.𝟕𝟗𝟐∗𝟎.𝟎𝟐𝟓∗𝟎.𝟎𝟎𝟐∗𝟎.𝟐𝟗𝟑𝟐𝟕
= 𝟔𝟕. 𝟏𝟖𝒙𝟏𝟎𝟔𝑵/𝒎𝒎𝟐 

 

=67.18 Mpa                answer 

 

Example     2: 

A gearbox is required to transmit 18 kW from a shaft rotating at 2650 rpm.The 

desired output speed is approximately 12 000 rpm. For space limitation and 

standardization reasons a double step-up gearbox is requested with equal ratios. 

Solution 

Overall ratio =12 000/2650 = 4.528. 

First stage ratio =√ 4.528 = 2.128. 

This could be achieved using a gear with 

38 teeth and pinion with 18 teeth (ratio = 38/18 = 2.11). 

The gear materials listed in Tables 6.7 to 6.10 are 817M40 and 655M13 steels. 

from Table 6.11 Permissible bending stresses for various commonly used gear 

materials 
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Calculations for pinion 1: Y18 = 0.29327, 

n = 5594 rpm. (No need to do calculations for 

m = 1.5, because it has now been rejected.) 

m                                                2.0 

d (mm)                                       36 

V (m/s)                                      10.5 

Wt (N)                                       1707 

Kv                                              0.3676 

F (m)                                         0.023 

m = 1.5 gives a face width value greater than the catalogue value of 20mm, so try m 

= 2. 

m = 2 gives a face width value less than the catalogue value of 25mm, so design is 

OK. 

Calculations for gear 2: Y38 = 0.37727, n = 5594 rpm. 

m                                                        2.0 

d (mm)                                                76 

V (m/s)                                              22.26 

Wt (N)                                                808.6 

Kv                                                      0.215 

F (m)                                                0.0144 

m = 2 gives a face width value lower than catalogue specification, so the design is 

OK. Calculations for pinion 2: Y18 = 0.29327, n = 11 810 rpm. 
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m                               2.0 

d (mm)                       36 

V (m/s)                     22.26 

Wt (N)                       808.6 

Kv                             0.215 

F (m)                       0.0186 

m = 2 gives a face width value lower than catalogue specification, so the design is 

OK. 
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Lecture15 

Pressure Vessels 

The pressure vessels (i.e. cylinders or tanks) are used to store fluids under pressure. 

The fluid being stored may undergo a change of state inside the pressure vessel as 

in case of steam boilers or it may combine with other reagents as in a chemical 

plant. The pressure vessels are designed with great care because rupture of a 

pressure vessel means an explosion which may cause loss of life and property. 

The material of pressure vessels may be brittle such as cast iron, or ductile such as 

mild steel. 

Classification of Pressure Vessels 

The pressure vessels may be classified as follows: 

1. According to the dimensions. The pressure vessels, according to their 

dimensions, may be classified as thin shell or thick shell. If the wall thickness of the 

shell (t) is less than 1/10 of the diameter of the shell (d), then it is called a thin shell. 

On the other hand, if the wall thickness of the shell is greater than 1/10 of the 

diameter of the shell, then it is said to be a thick shell. Thin shells are used in 

boilers, tanks and pipes, whereas thick shells are used in high pressure cylinders, 

tanks, gun barrels etc. 

2. According to the end construction.  

The pressure vessels, according to the end construction, may be classified as open 

end or closed end. A simple cylinder with a piston, such as cylinder of a press is an 

example of an open end vessel, whereas a tank is an example of a closed end vessel. 

In case of vessels having open ends, the circumferential or hoop stresses are 

induced by the fluid pressure, whereas in case of closed ends, longitudinal stresses 

in addition to circumferential stresses are induced. 
Stresses in a Thin Cylindrical Shell due to an Internal Pressure 

The analysis of stresses induced in a thin cylindrical shell are made on the 

following 

assumptions: 

1. The effect of curvature of the cylinder wall is neglected. 

2. The tensile stresses are uniformly distributed over the section of the walls. 

3. The effect of the restraining action of the heads at the end of the pressure vessel 

is neglected. 
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When a thin cylindrical shell is subjected to an internal pressure, it is likely to fail 

in the following 

two ways: 

1. It may fail along the longitudinal section (i.e. circumferentially) splitting the 

cylinder into two troughs, as shown in Fig. 7.1 (a). 

2. It may fail across the transverse section (i.e. longitudinally) splitting the cylinder 

into two cylindrical shells, as shown in Fig. 7.1 (b). Thus the wall of a cylindrical 

shell subjected to an internal pressure has to withstand tensile stresses of the 

following two types: 

(a) Circumferential or hoop stress, and (b) Longitudinal stress. 

These stresses are discussed, in detail, in the following articles. 

 

Let p = Intensity of internal pressure, 

d = Internal diameter of the cylindrical shell, 

l = Length of the cylindrical shell, 

t = Thickness of the cylindrical shell, and 

t1 = Circumferential or hoop stress for the material of the 

cylindrical shell. 

We know that the total force acting on a longitudinal section (i.e. along the 

diameter X-X) of the shell 

= Intensity of pressure × Projected area = p × d × l ...(i) 

and the total resisting force acting on the cylinder walls 

= t1 × 2t × l ...( ... of two sections) ...(ii) 

From equations (i) and (ii), we have 

t1 × 2t × l = p × d × l or 

𝝈𝒕𝟏 =
𝒑.𝒅

𝟐𝒕
        or   𝒕 =

𝒑.𝒅

𝟐𝝈𝒕𝒍
 

The following points may be noted: 

1. In the design of engine cylinders, a value of 6 mm to 12 mm is added in equation 

(iii) to permit reboring after wear has taken place. Therefore 
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   𝒕 =
𝒑.𝒅

𝟐𝝈𝒕𝒍
+ 𝟔 − 𝟏𝟐 𝒎𝒎 

2. In constructing large pressure vessels like steam boilers, riveted joints or welded 

joints are used in joining together the ends of steel plates. In case of riveted joints, 

the wall thickness of the cylinder, 

 

𝒕 =
𝒑. 𝒅

𝟐𝝈𝒕𝒍𝜸
 

where  = Efficiency of the longitudinal riveted joint. 

3. In case of cylinders of ductile material, the value of circumferential stress (σt1) 

may be taken 0.8 times the yield point stress (σy) and for brittle materials, σt1 may 

be taken as 0.125 times the ultimate tensile stress (σu). 

4. In designing steam boilers, the wall thickness calculated by the above equation 

may be compared with the minimum plate thickness as provided in boiler code as 

given in the following table. 

 
 

Note: If the calculated value of t is less than the code requirement, then the latter 

should be taken, otherwise the calculated value may be used. 

The boiler code also provides that the factor of safety shall be at least 5 and the steel 

of the plates and rivets shall have as a minimum the following ultimate stresses. 

Tensile stress, t = 385 MPa 

Compressive stress, c = 665 MPa 

Shear stress, = 308 MPa 

Longitudinal Stress 

Consider a closed thin cylindrical shell subjected to an internal pressure as shown 

in Fig. 7.3 (a) and (b). A tensile stress acting in the direction of the axis is called 

longitudinal stress. In other words, it is a tensile stress acting on the *transverse or 

circumferential section Y-Y (or on the ends of the vessel). 
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Let t2 = Longitudinal stress. 

In this case, the total force acting on the transverse section (i.e. along Y-Y) 

= Intensity of pressure × Cross-sectional area 

=𝒑𝒙
𝝅

𝟒
𝒅𝟐     ..........(i) 

and total resisting force = t2 × d.t ...(ii) 

From equations (i) and (ii), we have 

𝒑𝒙
𝝅

𝟒
𝒅𝟐 =t2 × d.t 

𝒕 =
𝒑. 𝒅

𝟒𝝈𝒕𝟐 
 

From above we see that the longitudinal stress is half of the circumferential or 

hoop stress. Therefore, the design of a pressure vessel must be based on the 

maximum stress i.e. hoop stress. 

Example 7.2. A thin cylindrical pressure vessel of 500 mm diameter is subjected to 

an internal pressure of 2 N/mm
2
. If the thickness of the vessel is 20 mm, find the 

hoop stress, longitudinal stress and the maximum shear stress. 

Solution. Given : d = 500 mm ; p = 2 N/mm
2
 ; t = 20 mm 

We know that hoop stress, 

𝝈𝒕𝟏 =
𝒑.𝒅

𝟐𝒕
=

𝟐𝒙𝟓𝟎𝟎

𝟐𝒙𝟐𝟎
= 𝟐𝟓 𝑵

𝒎𝒎𝟐⁄ =25   Mpa 

Longitudinal stress 

We know that longitudinal stress, 

𝝈𝒕𝟐 =
𝒑.𝒅

𝟒𝒕 
=

𝟐𝒙𝟓𝟎𝟎

𝟒𝒙𝟐𝟎
=12.5 N/mm

2
=12.5 Mpa 

Maximum shear stress 

We know that according to maximum shear stress theory, the maximum shear 

stress is one-half the algebraic difference of the maximum and minimum principal 
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stress. Since the maximum principal stress is the hoop stress (t1) and minimum 

principal stress is the longitudinal stress (t2), therefore maximum shear stress, 

𝝉𝒎𝑿 =
𝝈𝒕𝟏−𝝈𝒕𝟐

𝟐
=

𝟐𝟓−𝟏𝟐.𝟓

𝟐
= 𝟔. 𝟐𝟓 N/mm

2
=6.25 Mpa      ANSWER. 

 

Example 7.3. An hydraulic control for a straight line motion, as shown in Fig. 

below  utilises a spherical pressure tank ‘A’ connected to a working cylinder B. The 

pump maintains a pressure of 3 N/mm
2
 in the tank. 

1. If the diameter of pressure tank is 800 mm, determine its thickness for 100% 

efficiency of the joint. Assume the allowable tensile stress as 50 MPa.  

2. Determine the diameter of a cast iron cylinder and its thickness to produce an 

operating force F = 25 kN. Assume (i) an allowance of 10 per cent of operating 

force F for friction in the cylinder and packing, and (ii) a pressure drop of 0.2 

N/mm2 between the tank and cylinder. Take safe stress for cast iron as 30 MPa. 

3. Determine the power output of the cylinder, if the stroke of the piston is 450 mm 

and the time required for the working stroke is 5 seconds. 

4. Find the power of the motor, if the working cycle repeats after every 30 seconds 

and the efficiency of the hydraulic control is 80 percent and that of pump 60 

percent.

 
Solution. Given : p = 3 N/mm2 ; d = 800 mm ; = 100% = 1 ; t1 = 50 MPa =  

50 N/mm2 ; F = 25 kN = 25 × 103 N ;tc = 30 MPa = 30 N/mm2 : H = 80% = 0.8 ; 

P = 60% = 0.6 

1. Thickness of pressure tank 

We know that thickness of pressure tank, 

𝒕 =
𝒑.𝒅

𝟐𝝈𝒕𝒍𝜸
=

𝟑𝒙𝟖𝟎𝟎

𝟐𝒙𝟓𝟎𝒙𝟏
=24 mm 

2. Diameter and thickness of cylinder 

Let D = Diameter of cylinder, and 

t1 = Thickness of cylinder. 

Since an allowance of 10 per cent of operating force F is provided for friction in the 

cylinder and packing, therefore total force to be produced by friction, 

𝑭𝟏 = 𝑭 +
𝟏𝟎

𝟏𝟎𝟎
=1.1F=1.1x25x10

3
=27 500  N 

We know that there is a pressure drop of 0.2 N/mm
2
 between the tank and cylinder, 

therefore pressure in the cylinder, 

3N/mm2 

 

d=800mm F=25kN 

 

piston 

stroke= 

450 mm 

press. drop=0.2 N/mm2 
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p1 = Pressure in tank – Pressure drop = 3 – 0.2 = 2.8 N/mm
2
 

and total force produced by friction (F1), 

𝟐𝟕𝟓𝟎𝟎 =
𝝅

𝟒
. 𝑫𝟐. 𝟐. 𝟖 = 𝟐. 𝟐𝑫𝟐 

 D=112 mm 

We know that thickness of cylinder, 

𝒕 =
𝒑.𝒅

𝟐𝝈𝒕𝒍
=

𝟐.𝟖𝒙𝟏𝟏𝟐

𝟐𝒙𝟑𝟎
=5.2 mm        Ans. 

3. Power output of the cylinder 

We know that stroke of the piston 

= 450 mm = 0.45 m ...(Given) 

and time required for working stroke 

= 5 s ...(Given) 

Distance moved by the piston per second 

=0.45/5=0.09 m 

We know that work done per second 

= Force × Distance moved per second 

= 27 500 × 0.09 = 2475 N-m 

Power output of the cylinder 

= 2475 W = 2.475 kW Ans. ...( 1 N-m/s = 1 W) 

 

4. Power of the motor 

Since the working cycle repeats after every 30 seconds, therefore the power which is 

to be produced by the cylinder in 5 seconds is to be provided by the motor in 30 

seconds. 

Power of the motor 

𝒑𝒐𝒘𝒆𝒓 𝒐𝒇 𝒕𝒉𝒆 𝒄𝒚𝒍.

𝜸𝑯𝜸𝒑
𝒙

𝟓

𝟑𝟎
= 𝟎. 𝟖𝟔 𝒌𝒘          Ans. 
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Lecture 16 

Seals 
Seals are devices used to prevent or limit leakage of fluids or particulates. The aims of this 

chapter are to introduce the variety of seal configurations, give guidelines for the selection 

of seals and introduce calculation methods for the quantification of some seal leakage 

rates. 

Learning Objectives 

At the end of this section you should: 

• be able to identify a number of the different 

types of sealing devices; 

• be able to select a seal type for rotating, 

reciprocating or static conditions; 

• be able to determine the groove dimensions 

for a standard O ring; 

• be able to estimate the leakage flow through 

a labyrinth seal. 

Introduction 
The purpose of a seal is to prevent or limit flow between components. Seals are an 

important aspect of machine design where pressurized fluids must be contained within an 

area of a machine such as a hydraulic cylinder, contaminants excluded or lubricants 

retained. Seals fall into two general categories. 

1 Static seals, where sealing takes place between two surfaces that do not move relative to 

each other. 
2 Dynamic seals, where sealing takes place between two surfaces that move relative to each 

other by, for example, rotary or reciprocating motion. Any clearance between the two 

components will permit the passage of fluid molecules in either direction, the direction 

depending on the pressures and momentum associated with the fluid. The basic sealing 

problem is illustrated in Figure 16.1 where either boundary shown may be stationary 

or moving. Fluid can move between different regions of space by means of diffusion, free 

convection or forced convection. The size of a typical gas or vapor molecule is of the order 

of 10_9m in diameter. They can therefore diffuse through very small gaps, such as pores in a 

machine casing or seal component. Convection involves the mixing of one portion of fluid 

with another by means of gross movements of the mass of fluid. The fluid motion may be 

caused by external mechanical means, such as by a fan or pump in which case the process 

is called forced convection. Alternatively if the fluid motion is caused by density 

differences, due to for instance temperature differences, the process is called natural or 

free convection. 
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Static seals 
Static seals aim at providing a complete physical barrier to leakage flow. To achieve this 

the seal material must be resilient enough to flow into and fill any irregularities in the 

surfaces being sealed and at the same time remain rigid enough to resist extrusion into 

clearances. 

Elastomeric seal rings 

The ‘O’ ring, Figure 16-2, is a simple and versatile type of seal with a wide range of 

applications for both static and dynamic sealing. An ‘O’ ring seal is a molded elastomeric 

ring ‘nipped’ in a cavity in which the seal is located. Elastomeric seal rings require the seal 

material to have an interference fit with one of the mating 

 

 
 

 

parts of the assembly. ‘O’ rings are available in a wide range of sizes with internal 

diameters from 3.1 to 249.1 mm and section diameters of 1.6, 2.4, 3.0, 4.1, 5.7 and 8.4 mm 

as defined in British Standard BS 4518. Table 32 shows the dimensions for a small number 

of the seal sizes available. A more extensive table is normally available in the form of a 

sales catalogue from manufacturers or in BS 4518.Figure 9.6 shows the groove dimensions 

which must be specified to house the ‘O’ ring seal and ensure the seal is nipped or 

compressed sufficiently to enable effective sealing. 
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Example 16.1 

Specify suitable groove dimensions for an 0195-30 ‘O’ ring to seal against a solid cylinder 

Solution 

From Table 32 and with reference to Figure 9.6, B=3.7mm, R=1mm, groove fillet 

radius=0.2mm. 

Gaskets 

A gasket is a material or composite of materials clamped between two components with the 

purpose of preventing fluid flow. Gaskets are typically made up of spacer rings, a sealing 

element, internal reinforcement, a compliant surface layer and possibly some form of 

surface antistick treatment. Figure 16.4 shows a typical application for a gasket seal. When 

first closed a gasket seal is subject to compressive stresses produced by the assembly. Under 

working conditions, however, the compressive load may be relieved by the pressures 

generated within the assembly or machine. This must be accounted for in the detailed 

design or by use of a factor to allow for the relaxation of gasket compression. Typical 

gasket designs are illustrated in Table 33The choice of material depends on the 

temperature of operation, the type of fluid being contained and the leakage rate that can be 

tolerated. 
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Dynamic seals 
The term ‘dynamic seal’ is used to designate a device used to limit the flow of fluid between 

surfaces that move relative to each other. The range of dynamic seals is extensive with 

devices for both rotary and reciprocating motion. The requirements of dynamic seals are 

often conflicting and require compromise. Effective sealing may require high contact 

pressure between a stationary component and a rotating component, but minimal wear is 

also desired for long seal life. 
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Seals for rotating machinery 
The functions of seals on rotating shafts include retaining working fluids, retaining 

lubricants and excluding contaminants, such as dirt and dust. The selection of seal type 

depends on the shaft speed ,working pressure and desired sealing effectiveness. 

.Their application to rotating shafts is generally limited to use when the shaft speed is 

below 3.8 m/s and seal pressures below 14 bar. The typical geometry for a radial lip seal, 

commonly known as an oil ring, is shown in Figure 16.5. 

 
 

A labyrinth seal in its simplest form consists of a series of radial fins forming a restriction 

to an annular flow of fluid as shown in Figure 16.6. In order for the fluid to pass through 

the annular restriction, it must accelerate. Just after the restriction the fluid will expand 

and decelerate with the formation of separation eddies in the cavity downstream of the 

fin as illustrated schematically in Figure 16.7.These turbulent eddies dissipate some of the 

energy of the flow reducing the pressure. This process will be repeated in subsequent 

cavities until the pressure reaches downstream conditions. Labyrinth seals are essentially a 

controlled clearance seal without rubbing contact. As there is no surface-to-surface 

contact, very high relative speeds are possible and the geometry can be arranged to limit 

leakage to tolerable levels. 
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Flow through a labyrinth can be estimated using Eq. 

𝒎. = 𝑨𝜶𝜸𝝋√𝝆𝒐𝑷𝟎 

m
.
: mass flow rate (kg/s) 

𝑨 = 𝝅(𝒓𝟎
𝟐 − 𝒓𝒊

𝟐)   :area of the angular gap between the fin tips and the casing (m
2
) 

α: flow coefficient 

γ :carry over correction factor 

φ: expansion ratio 

P0: upstream pressure (Pa) 

ρ0: density at the upstream conditions(kg/cm
3
) 

The carry over correction factor, γ, varies as a function of the clearance to pitch ratio.As a 

crude approximation,   can be taken as varying linearly for c/p values of 0 to 0.11 as listed 

in Table 34. 
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The expansion ratio, φ , is given by: 

𝝋 = √
𝟏 − (

𝑷𝒏
𝑷𝟎

)

𝒏 + 𝒍𝒏(
𝑷𝟎
𝑷𝒏

)
 

where: 

𝑷𝒏:downstream pressure(Pa) 

n: number of fins 

Example 

Determine the mass flow rate through a labyrinth seal on a 100 mm diameter shaft.The 

labyrinth consists of six fins, height 3.2mm, pitch 4.5mm, radial clearance 0.4 mm and tip 

width 0.3mm.The pressure is being dropped from 4 bar absolute, 353 K, to atmospheric 

conditions (1.01 bar).Take the gas constant R as 287 J/(kg K). 

Solution 

The outer radius of the annular gap is 

(100/2)+3.2+0.4=53.6 mm. The inner radius of the annular gap is  

 (100/2)+3.2=53.2mm. 

The annulus gap area is: 

𝑨 = 𝝅(𝒓𝟎
𝟐 − 𝒓𝒊

𝟐)   =π[(53.6x10
-3

)
2
-(53.2x10

-3
)]=1.342x10

-4
  m

2
 

 

α=0.71 , γ=1+8.82(c/p)for n=6 , c=0.4 mm and   p=4.5 mm  so  

 

γ=1+8.82(0.4/4.5)=1.784 

 

𝝋 = √
𝟏−(

𝑷𝒏
𝑷𝟎

)

𝒏+𝒍𝒏(
𝑷𝟎
𝑷𝒏

)
= √

𝟏−(
𝟏.𝟎𝟏𝒙𝟏𝟎𝟓

𝟒𝒙𝟏𝟎𝟓 )

𝒏+𝒍𝒏(
𝟒𝒙𝟏𝟎𝟓

𝟏.𝟎𝟏𝒙𝟏𝟎𝟓)
   = 0.3183 

p=ρRT 

ρ0=P0/RT0       1st  law of thermodynamic 

ρ0= 𝟒𝒙𝟏𝟎𝟓/ 287x353)= 3.948 kg/m
3
 

m
.
= 1.342x10

-4
x0.71x1.784x0.3183√𝟑. 𝟗𝟒𝟖𝒙𝟒𝒙𝟏𝟎𝟓=0.0680 kg/s        ans. 

 

 


